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RESUMEN (en español) 

Desde el comienzo de la revolución industrial, los ingenieros se proponen mejorar los procesos 
de producción para ahorrar tiempo, dinero y energía. Este desarrollo ha dado lugar a máquinas 
y componentes más compactos y potentes. Por tanto, la disipación de energía requiere de 
mayores flujos de calor. Con la tendencia a la miniaturización, las superficies de refrigeración 
disponibles son cada vez más pequeñas. Debido a ambas tendencias, en el futuro se 
necesitarán procesos de refrigeración cada vez más eficaces. Un enfoque actual para este reto 
es el llamado evaporador puntual. En el evaporador puntual, el refrigerante se pulveriza desde 
un tubo capilar en un orificio ciego y se expulsa en dirección opuesta a la de inyección. Con 
esta tecnología es posible disipar altos flujos de calor de hasta 1000-1500 kW/m². La 
desventaja de este proceso de refrigeración es su eficiencia comparativamente baja, ya que 
alrededor del 50-80% del refrigerante sale del proceso sin evaporar. La eficiencia debe 
aumentarse ampliando el recorrido del refrigerante a través del evaporador. Esto se consigue 
forzando una trayectoria helicoidal del refrigerante en el evaporador. Este tipo de evaporador 
se llama evaporador helicoidal o de remolino.  

El diseño de este proceso requiere métodos para describir el área de secciones pequeñas de 
evaporadores helicoidales con diámetros hidráulicos pequeños, gradientes bajos y radios de 
curva ajustados, que actualmente no están disponibles. El objetivo de la investigación es cubrir 
esta falta de conocimiento y encontrar métodos para describir matemáticamente la 
transferencia de calor, pérdida de presión y el flujo de calor crítico. Esto debería permitir a otros 
ingenieros diseñar evaporadores de remolino para su aplicación específica de forma eficiente 
en tiempo y coste. Para describir la caída de presión, la transferencia de calor y el flujo de calor 
crítico en el evaporador de remolino, se dividió el evaporador en sus regímenes de flujo 
hidráulicamente activos. Se investigaron, aplicaron y verificaron experimentalmente los 
métodos para cada régimen. Se desarrollaron métodos y se encontraron modelos para calcular 
los procesos en el evaporador de remolino y la eficiencia se incrementó en un 60% en 
comparación con el evaporador puntual. En la transferencia a la aplicación, se introdujo un 
evaporador de remolino en un portaherramientas. Esto permitió que la herramienta de corte se 
enfriara internamente durante el proceso de torneado. Esta medida ha reducido a la mitad el 
desgaste de la herramienta. Como resultado, se puede duplicar la velocidad del proceso o la 
vida útil de la herramienta. 
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RESUMEN (en Inglés) 

Since the beginning of the industrial revolution, engineers are aiming to improve production 
processes to save time, money and energy. This development led to more compact and 
powerful machines and components. Thus, energy dissipation involves higher heat fluxes. With 
the trend towards miniaturization, the available cooling surfaces are becoming even smaller. 
Due to both tendencies, more and more efficient cooling processes will be required in future. A 
current approach to this challenge is the so-called spot evaporator. In the spot evaporator 
refrigerant is sprayed from a capillary tube into a blind hole and exhausted against the direction 
of injection. With this technology it is possible to dissipate high heat flows up to 1000-1500 
kW/m². The disadvantage of this cooling process is the comparatively low efficiency, since 
about 50-80 % of the refrigerant exits the process unevaporated. The efficiency is to be 
increased by extending the evaporator path of the returning refrigerant. This is achieved by 
returning the refrigerant in a helical evaporator path. This kind of evaporator is called a swirl 
evaporator.  

The design of this process asks for methods to describe the area of short helical evaporator 
sections with small hydraulic diameters, low gradients and tight curve radii, which are currently 
not available. The research question aims at closing this gap and finding methods to describe 
heat transfers, pressure losses and the critical heat flux mathematically. This should enable 
other engineers to design swirl evaporators for their specific application in a time and cost-
efficient manner. In order to describe the pressure drop, heat transfer, and critical heat flux in 
the swirl evaporator, the evaporator was divided into its hydraulically active flow regimes. 
Methods for each regime were researched, applied and then verified in experiments. Methods 
were developed and models were found to calculate the processes in the swirl evaporator and 
the efficiency was increased by 60% compared to the spot evaporator. In the transfer to the 
application, a swirl evaporator was introduced into a tool holder. This allowed the cutting tool to 
be cooled internally during the turning process. This measure has halved the tool wear. As a 
result, either the process speed or the tool life can be doubled. 
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Dr. Francisco Javier Fernández Garćıa for the supervision at the University of Oviedo.
Our good conversations, advice and impulses of a professional and life philosophical nature.
At times when I was struggling, he immediately understood and coached me to overcome
the obstacle. Helping me to help myself. I hope to be able to continue working with
you for many years to come and to further strengthen international collaboration through
joint research, industry and teaching projects. I thank my IMP colleagues for the good
atmosphere at the institute and our weekly after-work beers. Dr. Tobias Knipping for
outstanding pioneer work in the field of near-contour cooling, the construction of the test
stand and years of coaching: initially as a boss and later as a friend. One of my closest
friends Timo Müller, for awakening my interest in refrigeration technology and its process
simulation many years ago and for creating and training my deeper understanding of
thermodynamic processes through long conversations and discussions. Mathias Fauth for
his contribution to the scroll evaporator and helping with all production engineering issues.
Matthias Risto and Szimonetta Matus for their support in manufacturing issues. Matthias,
your erosion know-how made it possible to get holes in screws and to manufacture the swirl
evaporator. Szimonetta, your commitment in the production of all test bench relevant
components remains unforgotten and I thank you both very much. Oliver Hügel from
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Abstract

Since the beginning of the industrial revolution, engineers are aiming to improve produc-
tion processes to save time, money and energy. This development led to more compact
and powerful machines and components. Thus, energy dissipation involves higher heat
fluxes. With the trend towards miniaturization, the available cooling surfaces are becom-
ing even smaller. Due to both tendencies, more and more efficient cooling processes will
be required in future. A current approach to this challenge is the so-called spot evap-
orator. In the spot evaporator refrigerant is sprayed from a capillary tube into a blind
hole and exhausted against the direction of injection. With this technology it is possible
to dissipate high heat fluxes up to 1000 – 1500 kW/m². The disadvantage of this cooling
process is the comparatively low efficiency, since about 50 – 80 % of the refrigerant exits
the process unevaporated. The efficiency is to be increased by extending the evaporator
path of the returning refrigerant. This is achieved by returning the refrigerant in a helical
evaporator path. This kind of evaporator is called a swirl evaporator.
The design of this process asks for methods to describe the area of short helical evaporator
sections with small hydraulic diameters, low gradients and tight curve radii, which are
currently not available. The research question aims at closing this gap and finding methods
to describe heat transfers, pressure losses and the critical heat flux mathematically. This
should enable other engineers to design swirl evaporators for their specific application in a
time and cost-efficient manner. In order to describe the pressure drop, heat transfer, and
critical heat flux in the swirl evaporator, the evaporator was divided into its hydraulically
active flow regimes. Methods for each regime were researched, applied and then verified in
experiments. Methods were developed and models were found to calculate the processes
in the swirl evaporator and the efficiency was increased by 60 % compared to the spot
evaporator. In the transfer to the application, a swirl evaporator was introduced into
a tool holder. This allowed the cutting tool to be cooled internally during the turning
process. This measure has halved the tool wear. As a result, either the process speed or
the tool life can be doubled.
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Resumen

Desde el comienzo de la revolución industrial, los ingenieros se proponen mejorar los pro-
cesos de producción para ahorrar tiempo, dinero y enerǵıa. Este desarrollo ha dado lugar
a máquinas y componentes más compactos y potentes. Por tanto, la disipación de enerǵıa
requiere de mayores flujos de calor. Con la tendencia a la miniaturización, las superficies
de refrigeración disponibles son cada vez más pequeñas. Debido a ambas tendencias, en el
futuro se necesitarán procesos de refrigeración cada vez más eficaces. Un enfoque actual
para este reto es el llamado evaporador puntual. En el evaporador puntual, el refrig-
erante se pulveriza desde un tubo capilar en un orificio ciego y se expulsa en dirección
opuesta a la de inyección. Con esta tecnoloǵıa es posible disipar altos flujos de calor de
hasta 1000-1500 kW/m². La desventaja de este proceso de refrigeración es su eficiencia
comparativamente baja, ya que alrededor del 50-80% del refrigerante sale del proceso sin
evaporar. La eficiencia debe aumentarse ampliando el recorrido del refrigerante a través
del evaporador. Esto se consigue forzando una trayectoria helicoidal del refrigerante en el
evaporador. Este tipo de evaporador se llama evaporador helicoidal o de remolino.
El diseño de este proceso requiere métodos para describir el área de secciones pequeñas de
evaporadores helicoidales con diámetros hidráulicos pequeños, gradientes bajos y radios
de curva ajustados, que actualmente no están disponibles. El objetivo de la investigación
es cubrir esta falta de conocimiento y encontrar métodos para describir matemáticamente
la transferencia de calor, pérdida de presión y el flujo de calor cŕıtico. Esto debeŕıa per-
mitir a otros ingenieros diseñar evaporadores de remolino para su aplicación espećıfica de
forma eficiente en tiempo y coste. Para describir la cáıda de presión, la transferencia de
calor y el flujo de calor cŕıtico en el evaporador de remolino, se dividió el evaporador en
sus reǵımenes de flujo hidráulicamente activos. Se investigaron, aplicaron y verificaron
experimentalmente los métodos para cada régimen. Se desarrollaron métodos y se encon-
traron modelos para calcular los procesos en el evaporador de remolino y la eficiencia se
incrementó en un 60% en comparación con el evaporador puntual. En la transferencia a
la aplicación, se introdujo un evaporador de remolino en un portaherramientas. Esto per-
mitió que la herramienta de corte se enfriara internamente durante el proceso de torneado.
Esta medida ha reducido a la mitad el desgaste de la herramienta. Como resultado, se
puede duplicar la velocidad del proceso o la vida útil de la herramienta.
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1. Introduction

Cooling of a high heat flux is already of great importance in many technical areas today
and will continue to be in the future. Due to the progress of miniaturization, larger heat
loads must be cooled on smaller heat-transferring surfaces. According to Moore’s law [99],
the number of transistors on a microchip doubles approximately every two years. This
means that after ten years, the performance will increase by the factor of 32. So it is
reasonable to assume that a device one is holding in his or her hands will be 32 times
as powerful in ten years’ time as it is today. A higher power consumption consequently
results in a higher cooling load, since for example, all electrical current (pure exergy) is
converted into heat at some point in the processor and must then be dissipated, so that
the component to be cooled does not suffer any damage. But it is not only in computer
science and electrical engineering that process-oriented cooling of high heat fluxes will play
an increasingly important role; process-oriented cooling is also gaining ground in the more
traditional fields of mechanical engineering and production technology.

1.1. Motivation

According to Westkämper a high thermal stability is required for continuous improvement
of modern production processes to achieve reproducible results [138, p. 67]. There is also a
trend towards miniaturization to make tools and products lighter and less expensive. This
tendency results in the challenge that the heat load remains constant or increases while
the available heat transferring surface is continuously decreasing. Examples of this are
injection moulding, the cooling of electrical motors or the machining of nickel-based alloys.
One possibility to fulfill the new cooling requirements is the so-called “spot evaporator”.
A schematic sketch of the spot evaporator is shown in Figure 1.1. This type of evaporator
has the advantage of precise positionability in the thermally loaded components. In the
spot evaporator, refrigerant is sprayed through a capillary tube onto the face of the blind
hole. After that the refrigerant moves in a kind of annular gap against the direction of
injection. The arrows indicate the direction of flow.

Figure 1.1.: Schematic sketch of a spot evaporator [44]

The spot evaporator has been investigated at the Institute of Materials and Processes
(IMP) for about 10 years and has been used in a number of technical applications. Hot
spots in injection molding have been cooled with spot evaporators, thus increasing pro-
ductivity by significantly reducing the cooling time of the plastic [64, 129]. Figure 1.2
shows a schematic illustration of hot spot cooling with a spot evaporator during injection
molding.
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CHAPTER 1. INTRODUCTION

Figure 1.2.: Hot spot cooling with a spot evaporator during injection molding [77]

A further application of the spot evaporator is the cooling of stators of linear motors. It
has been shown that in the cooled linear motor, the maximum holding force in continuous
operation is increased by 50 % compared to water cooling. Compared to a non-cooled mo-
tor, the holding force could even be increased by 300 %. It has been proven that cooling
is particularly useful for currents up to 8 A. At higher currents, the thermal resistance
of the motor is reduced and the thermal behavior is dominated by the thermal mass of
the rotor and the cooling in the ferrite core has only a subordinate influence [79]. A pic-
ture of a CAD design of a linear motor cooled with spot evaporators is shown in Figure 1.3.

Figure 1.3.: CAD design of a linear motor cooled with spot evaporators [78]

One other innovative area of application is the internal cooling of indexable inserts during
the turning process. The cutting temperature raises with the content of nickel increasing
and the tool notch wear is extended along with the hardness increasing [42]. Therefore, it
is necessary to cool the process in order to reduce wear. Figure 1.4 shows the hard turning
process with the cutting material cubic boron nitride (CBN). The high dissipation of heat
via the chip causes the flying sparks.

Main advantages of the spot evaporator are its ease of manufacture and the high heat
transfer of more than 30.000 W/m2K at the front surface of the bore provided by spray
cooling. Spray cooling also allows cooling with heat fluxes above the critical heat flux for
pool boiling [105, 25] and is therefore very suitable for cooling spot-shaped surfaces and
hot spots, as they occur during injection molding.

However, turbulence of the evaporating fluid in the backflow path causes a relatively high
pressure loss. A further disadvantage of the spot evaporator is that only 20 – 50 % of
the refrigerant evaporates before the critical heat flux is exceeded [75]. This also means
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CHAPTER 1. INTRODUCTION

Figure 1.4.: Hard turning of a nickel-based alloy (Inconel 718) with the cutting material
CBN [109]

that the two-phase refrigerant must be fully evaporated and superheated in an additional
component (the post-evaporator) before it can be fed into the compressor. Since longer
evaporator sections1 tend to evaporate more refrigerant, a helical geometry was added
to the spot evaporator to achieve this. According to Hardik [59], the pressure drop of
two-phase flows in a helical evaporator geometry is lower than in a straight evaporator
section. This issue was first explored by Humpfer [63] by axially drill-eroding a screw and
inserting it into a spot evaporator. Due to the flow pattern in the backflow of the bore,
this evaporator/heat exchanger structure is called a “swirl evaporator” 2. A sketch of the
swirl evaporator is shown in Figure 1.5.

Figure 1.5.: Schematic sketch of a swirl evaporator [44]

1.2. Knowledge Gap

The literature on heat transfer phenomena in small (hydraulic) diameter helical evaporator
geometries is rather rare compared with other fields of heat transfer. Helical coils were
studied here because they are closest to the physics of the screw or helical evaporator
geometry in the swirl evaporator. The evaporators studied in the literature typically
have a coil diameter dCoil between 50 and 300 mm and hydraulic diameters typically 5 –
9 mm. The fluid is usually water at high pressures, as they are applications for steam
generators in power plants. Due to their coil shape, they can compensate well for material-
specific thermal expansion. Because of their relatively compact design, they can also be

1An evaporator section is the distance or length of the section in which the refrigerant evaporates.
2Perhaps a more appropriate name for this evaporator structure would have been “spot-helical evapora-

tor”, since it cools the face of the bore with spray cooling and then the refrigerant flows back in a helical
shape. In order not to break with terminology from previous work and publications [64, 44, ?, 46], the
name swirl evaporator was retained in this work.
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considered for special applications in aerospace. However, it is rather difficult to find
scientifically relevant literature in this field. The literature for smaller hydraulic diameters
(dhyd = 1 mm) and refrigerant as fluid is mentioned in the research of Elsayed [40] with
R-134a and Kim et. al with R-22 [70, 71, 72].

In the coils studied in literature, the fluid is typically liquid and subcooled when intro-
duced into the evaporator section. In swirl evaporators, it is two-phase and turbulent
due to the preceding spray cooling as well as the redirection of the jet. For a better
understanding of the geometrical parameters of coils/swirls/helical geometries they are
displayed in Figure 1.6.

Figure 1.6.: Geometrical descriptions of the coil/helical geometry (mod. from [8])

In swirl evaporators, the coil diameter is 4.5 mm and the pitch is between 1 – 5 mm, re-
sulting in a relatively narrow curve radius, which, due to the high radial acceleration, has
a reinforcing effect on the secondary flow. This effect is further enhanced by the lower
evaporating pressures compared to steam generators. Furthermore, no work is known in
which R-323 was used as refrigerant4. The length of the heated coil defines the length of
the evaporator section, i.e. how long the section is in which the refrigerant evaporates.
In literature, a distinction is made between the heated length of short, medium and long
coils [57]:

• Short coil: 450 – 650 mm

• Medium coil: 900 – 1100 mm

• Long coil: 1400 – 2200 mm

The swirl evaporator however has a heated coil length between 200 – 400 mm, depending
on the pitch of its helix or screw geometry. The coil length is the length of the uncoiled or
unwound coil wire or in case of the swirl evaporator the length of the evaporator section.
Although there are a number of methods to determine the heat transfer coefficient in a
coil, most of these correlations are valid in a limited range of applications (limited to a
particular fluid, mass flow or heat flux). However, in order to design a swirl evaporator, it

3R-32 also CH2F2 or difluoromethane, also difluoromethylene or HFC-32 Methylene Fluoride.
4The refrigerant R-32 was used in this work in order to establish comparability with the work of Knipping

and the spot evaporators. A detailed justification for the use of R-32 refrigerant can be found in the
thesis of Knipping [75, p. 31 – 38], a short summary in Section 3.1 of this thesis.
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is extremely important to find a correlation that describes heat transfer phenomena. The
research question therefore arises from the listed lack of previous knowledge:

• Small hydraulic diameter coil dhyd < 1 mm

• R-32 as refrigerant

• Narrow curve radius at low pressures −→ strong secondary flow

• Very short coil

• Low pitch of coil/screw/helical evaporator geometry

• Two-phase entry into the helical evaporator section

1.3. Objectives

This work is intended to make a fundamental contribution to the understanding of swirl
evaporators in technical applications. A key role plays the relationship between the number
of threads in the bore and the hydraulic diameter of the helical evaporator section. The
smaller the hydraulic diameter, the higher the heat transfer coefficient at constant mass
flow, since the mass flux and thus the flow velocity and Reynolds number increase.
In order to make the processes in the swirl evaporator calculable and visualizable, a model
should be developed and evaluated which is based on physical principles. So it should be
possible afterwards to design an industrial swirl evaporator for the respective application at
the right performance. The equations enable optimization of a swirl evaporator regarding
to pressure drop or heat transfer. The approach of this work is as follows:

1. Performing the experimental investigation of the swirl evaporator. Obtain a
sufficient amount of data for

a) comparison with the calculated results and

b) optimization of the process.

2. Determining different hydraulically active parts and their roles in heat transfer
and pressure drop. Then comparing these parts with models available in the
scientific literature and verify them with experiments. The comparisons were
made in the areas of

a) pressure drop in parts of the swirl evaporator,

b) critical heat flux for spray cooling and nucleated boiling in the swirl evap-
orator,

c) heat transfer in the swirl evaporator and

d) elaboration of FEM models of conduction,

• to support the calculation of the heat flux dissipated by the system and

• for indirect measurement of the heat transfer coefficient.

3. Optimizing of cooling capacity, reduction of energy consumption and use of
refrigerants with low global warming potential.

4. Using the swirl evaporator in a real industrial application for the internal cooling
of a cutting tool for the machining of nickel-based alloy (such as Inconel 718).
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The main goal of this work is the research, development and validation of simulation
models in order to be able to design swirl evaporators for industrial applications in a time-
and cost-efficient manner.

1.4. Structure of Work

The structure of this work reflects the chronological sequence in which the swirl evaporator
was investigated. The aim was to make the swirl evaporator calculable and designable for
a wide range of industrial applications. This structure is displayed in Figure 1.7. The
first Chapter presents the underlying motivation and places the work in the context of
previous research at the University of Applied Sciences Karlsruhe (HKA). The goals and
the necessary work steps are structurally presented. Chapter 2 describes the underlying
physical principles of the spot and swirl evaporator. Here, the individual assemblies of
the swirl and spot evaporator are described. The assemblies are further subdivided into
regimes and subregimes in order to describe the pressure drop and heat transfer with
empirical correlations. Previous works are described, their theoretical models as well as
their experiments and experimental results. In Chapter 3 the correlation-based models are
developed and described. Chapter 4 describes the test rig and the measurement equipment
used in this thesis. It also describes the methodology and the model used to determine the
heat transfer coefficients in the swirl evaporator. In Chapter 5 the experimental results are
compared with the results from the simulation. In the 6th Chapter, the swirl evaporator
is applied in an industrial application. It was introduced into a turning tool in order to
cool the cutting edge of the tool from the inside during the machining of nickel-based alloy
such as Inconel 718. In the last Chapter (7), the main conclusions are exposed that were
obtained from the research results and discussion and an outlook on future work is given.

Figure 1.7.: Work structure
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2. Physical Principles and Empirical Correlations

Since industrialization, engineers have been concerned with handling high heat flux. For
example in steam generators in steam engines, locomotives or in conventional or nuclear
power plants. For the optimal generation of evaporation processes, knowledge in the field
of heat transfer and boiling processes of liquids is indispensable, regardless of whether it
is a power plant process or a cooling process, since they are identical in their physical
principles. Therefore, a lot of research has been done in the last 150 years and quite
a number of equations have been developed to make heat transfers, pressure drops and
critical heat flux calculable (some research is even almost 300 years old). Due to the novelty
of this work, no “ready-made model” is available to describe the heat transfer in the swirl
evaporator. However, the process taking place in the evaporator can be divided into
sub-processes, which are described in the literature. This chapter therefore describes the
physical principles and correlations necessary to understand the thermodynamic processes
in the swirl evaporator and the current state of knowledge.

2.1. The Enthalpy of Vaporization

The difference of the specific enthalpies of a saturated (boiling) liquid h′(T ) and a saturated
vapor h′′(T ) at the same isotherm and isobaric state.

∆hv = h′′(T )− h′(T ), (2.1)

is called the specific enthalpy of vaporization . The specific energy that must be added
to the boiling (saturated) liquid for complete isobaric evaporation corresponds to ∆hv. If
h = u+ pv is inserted into 2.1, it results to

∆hv = h′′ − h′ = u′′ − u′ + ps(v
′′ − v′). (2.2)

Most of the enthalpy of evaporation is due to the change in internal energy u′′ − u′. This
occurs when the relatively strong cohesion of the molecules in the liquid phase (caused
by van-der-Waals forces and hydrogen bonding) are broken. After they are broken they
form looser bonds in the saturated gas phase. The much smaller part of the evaporation
enthalpy is the work of a volume change ps(v

′′ − v′) and this despite the large volume
change v′′ − v′ that occurs during evaporation [14].

2.2. Heat Transfer Coefficient

The heat transfer capability at the interface between a wall and a fluid is described by the
heat transfer coefficient α. The heat transfer coefficient

α =
q̇w

Tw − Tfl
(2.3)

can be considered as a proportionality factor between the heat flux q̇w transferred by
the process (heat flow related to area) and the temperature difference between the heat-
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CHAPTER 2. PHYSICAL PRINCIPLES AND EMPIRICAL CORRELATIONS

transferring wall and the fluid [112, 31]. Tw is the temperature of the wall and Tfl the
mean temperature of the fluid. The intensity of the heat transfer is described by the heat
transfer coefficient α. In the case of boiling (saturated) liquids, the heat-transferring wall
is the heating surface and the fluid, absorbing the specific enthalpy of vaporization, is
used as heat-transfer medium. In the case of a phase change, heat transfer coefficients
are generally much larger than in case of convective heat transfer where no evaporation
or condensation takes place. Knowledge of the heat transfer coefficient is essential for
calculating of heat transfer processes of all kinds. However, due to its complexity, it is
not yet fully understood and has always been subject of ongoing research [14]. For flow
boiling the heat transfer strongly depends on flow patterns as shown in Figure 2.1.

Figure 2.1.: Heat transfer mechanisms in flow boiling in a horizontal tube (acc. to [119])

2.3. Dimensionless Numbers

Dimensionless numbers are parameters in a dimensionless mathematical model of a phys-
ical state or process. If two states or processes are defined by the same mathematical
model, all quantities of one can be converted into those of the other exactly when the
dimensionless ratios have the same values. This means that both processes or states are
similar to each other. Dimensionless key figures usually result from the de-dimensioning
of a mathematical model.

2.3.1. Nusselt Number

The Nusselt number is a dimensionless number which defines the relationship between
heat conduction and convective heat transfer according to the equation

Nu =
α · L
λ

. (2.4)
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It is often used for calculating the heat transfer coefficient α [20]. Where L the character-
istic length of the considered section and λ the thermal conductivity of the fluid.

2.3.2. Prandtl Number

The material property ratio of the Prandtl number,

Pr =
ν

a
=
ν · % · cp

λ
=
η · cp

λ
(2.5)

characterizes the ratio of diffusive momentum to diffusive heat transport in fluids with
friction. It is a dimensionless quantity named after the scientist Ludwig Prandtl which is
defined as the relationship between kinematic viscosity ν and thermal diffusivity a [20].
The density is %, η the dynamic viscosity and cp the specific heat capacity.

2.3.3. Reynolds Number

The Reynolds number is an empirically determined dimensionless number for describing
the flow regime and can be interpreted as the ratio of inertial to frictional forces. Named
after the Brit Osborne Reynolds, it is an indicator of which flow regime is predominant:
laminar, turbulent or the transition region in between [126]. For circular pipes and one-
phase flow the Reynolds number is defined as

Re =
c · d
ν
. (2.6)

In pipe flows, the characteristic length would be the diameter d. For a two-phase flow,
there are extended forms of the Reynolds number which will be discussed later in this
thesis.

2.4. Hydraulic Diameter

The hydraulic diameter is the equivalent of a cross-section deviating from a round pipe
with the same hydraulic properties, as displayed in Figure 2.2. There are two main factors
that describe the flow resistance of a pipe with a flow through it. The cross-sectional area
Ahyd and the length l of the tube or area in the direction of flow. The hydraulic diameter
is defined as

dhyd =
4 ·Ahyd

Phyd
(2.7)

and is used to describe the resistance to flow, negated by the above geometric factors
[126]. An example of the hydralulic diameter is shown in Figure 2.2. In some publications
correlations with the hydraulic radius rhyd are used. It should be noted that the hydraulic
radius

rhyd =
Ahyd

Phyd
=
dhyd

4
(2.8)

is the result of the cross sectional area Ahyd divided by the wetted perimeter Phyd [21].
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Figure 2.2.: Hydraulic diameter of a swirl evaporator [46]

2.5. Boiling Mechanism

An important parameter in boiling is the temperature difference between the wall and the
fluid

∆Twsh = Tw − Tfl, (2.9)

the so-called wall superheat. It describes the temperature difference between the heating
surface and the fluid. The first studies on the influence of wall superheat on the transferred
heat output were carried out by the Japanese Shiro Nukiyama and published in 1934
[108]. In principle there are two different kinds of boiling mechanisms: pool boiling and
flow boiling. Pool boiling is more observed in everyday live for example when water in
a pot is boiling for cooking (evaporation in the interface with air). If the liquid, in this
example water is heated, the evaporation starts after exceeding the saturation temperature
TS = f(p) at 100 °C. At first, no phase change takes place within the fluid, but only at
the phase boundary, here between the gas phase and the liquid. The heat transport in
the fluid takes place due to heat conduction and convection. Since no vapor bubbles are
visible, it is called silent boiling. If further energy is now introduced into the system,
nucleate boiling begins. Vapor bubbles begin to form at activation points on the heating
surface. After they have grown to a certain size they detach from the heating surface due
to gravity (and the density difference) and rise upwards. If even more heating power is
now introduced into the system, the so-called film boiling occurs. It is characterized by
a continuous vapor film between the heating surface and the fluid. In everyday life, this
effect only occurs when a drop of water is dropped onto a very hot stove or pan and the
drop of water “dances” around on the hotplate. Since there is an insulating gas layer
between the fluid and the heating surface, heat is transferred exclusively by radiation and
convection in the vapor phase [53]. This phenomenon was first studied in 1756 by Johann
Gottlob Leidenfrost in Duisburg, Germany, who gave the Leidenfrost effect its name [85].

In flow boiling, the kinetics of the flowing fluid play a major role. Due to the greater
turbulence prevailing in the flow, relatively high heat quantities can be transferred at a
relatively low temperature difference [73]. The flow patterns in a tube are illustrated in
Figure 2.3.

Depending on the flow quality x, different kinds of flow patterns occur. The flow quality

x =
ṁG

ṁ
, (2.10)
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Figure 2.3.: Flow patterns and heat transfer mechanisms in a vertical tube (acc. to [26])

is defined as the proportion of the mass flow rate ṁG of the gas phase and the total mass
flow ṁ. Where the total mass flow

ṁ = ṁG + ṁL (2.11)

is the sum of the gaseous mass flow and the liquid mass flow ṁL. In thermodynamic
equilibrium the flow quality can be also calculated [67] as

xeq =
h(p)− h′(p)

∆hv(p)
. (2.12)

2.6. Critical Heat Flux

The critical heat flux (CHF) describes the point, where the amount of heat transferred
by convective boiling reaches a maximum. This means fully developed nucleate boiling
without superheating on the heat exchanger wall. It’s the point infinitesimally before
the transition point from nucleate boiling to film boiling occurs. Figure 2.4 shows the
schematic course of the Nukiyama diagram. Nukiyama studied before systems with pro-
nounced heating surface temperature, which have a pronounced local minimum (LHF
point) and maximum (CHF point). However, this course is rather academic in nature and
virtually does not occur in practical applications. There, mainly systems with pronounced
heat flux occur (the cooling load of a process is not reduced only because the cooling pro-
cess collapses). This is measurable in a sudden increase of the wall temperature and is
typically accompanied by a destruction of the heating surface.

Although Nukiyama conducted his experiments with water they are, however, also char-
acteristic for refrigerants [128, 5, 4, 76, 93]. The critical heat flux corresponding to flow
boiling depends on a number of factors:
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Figure 2.4.: Schematic course of the Nukiyama diagram

1. Distribution of the phases (flow pattern).

2. Flow type (laminar or turbulent, mass flux, quiescent or flowing, upward or down-
ward inclined).

3. Surface condition of the heat transferring surface (smooth, rough, structured, mate-
rial properties).

4. Type of heating (stationary/transient, homogeneous/inhomogeneous).

5. Type and thermodynamic state of the fluid (saturation temperature, material val-
ues of the fluid (e.g. enthalpy of evaporation, thermal conductivity, viscosity, etc.)
composition, pressure, subcooling, void fraction).

6. Geometry of the cooling channel (hydraulic diameter, length to diameter ratio).

In the past, cooling of a high heat flux was mainly limited to power plant applications.
However, advances in power electronics in recent years have created applications with
power densities above those of power plants.

2.7. Void Fraction

An important factor of the two-phase flow is the so-called void fraction. With its help,
various other parameters such as pressure drop, density and viscosity of the two-phase flow,
heat transfer coefficient and the average velocity of the respective phase can be calculated.
It is possible to define the void fraction in various ways. The ratio of the vapor volume
to the total volume for a fixed channel length is called the volumetric void fraction. The
fraction of the cross-sectional area of the channel occupied by the vapor phase is called
the area-averaged void fraction. If the length of the vapor phase is divided by the channel
length, this is called the chordal void fraction. The ratio of the time spent by the vapor
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phase at a particular point to the total time is called the local void fraction. It varies
along the length of the channel and is also a function of time. εhom indicates the void
fraction for a homogeneous mass flow and represented by the equation

εhom =
xeq

xeq + (%′′/%′)(1− xeq)
. (2.13)

In this model it is assumed that the vapor velocity is corresponding to the velocity of
the disperse phase. The void fraction content under the assumption of thermodynamic
equilibrium xeq is obtained from the enthalpy balance according to equation 2.12 [67]. The
cross sectional void fraction is illustrated in Figure 2.5. Here %′ describes the density of
the liquid and %′′ the density of the vapor.

Figure 2.5.: Cross sectional void fraction (acc. to [29])

2.8. Pressure Drop in Pipe Systems

When liquids flow through pipes, exergy is converted into anergy. On the one hand, this
is due to the friction that occurs between the pipe wall and the fluid (wall friction). On
the other hand, friction effects also occur within the fluid due to the viscosity of the fluid
(internal friction). The faster the fluid flows, the greater the internal friction [127]. Further
pressure drops are caused by turbulence in the fluid. This occurs especially at valves, which
can also be considered as flow obstacles. However, the kinetic energy contained in the
turbulence is not transported through the pipe but is converted locally into friction [127].
The pressure drop is always related to a decrease in the total pressure (static pressure).
Dynamic and hydrostatic pressures, which are determined by the geometry of the pipe,
do not influence the conversion of exergy to anergy. To capture this mathematically, the
initially friction-less (ideal) Bernoulli energy equation

p1 +
%

2
· c2

1 + % · g · z1 = p2 +
%

2
· c2

2 + % · g · z2 + ∆pv, (2.14)
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is extended by a pressure loss term ∆pv. If this equation is converted in accordance with
the pressure loss therm, the result is

∆pv = p1 − p2 +
%

2

(
c2

1 − c2
2

)
+ g · % (z1 − z2) . (2.15)

with:

• Acceleration due to gravity g in m/s2

• Geodetic height z in m

• Pressure p in Pa

• Density % in kg/m³

• Mean flow velocity c in m/s

For both, laminar and turbulent flow, the pressure drop through a piping can be described
with a dimensionless number f . This so-called pipe friction coefficient f describes the
relationship between the pressure drop ∆pv and the kinetic energy contained in the flow
in form of the dynamic pressure. Usually pipe systems consist of several fittings such as
elbows, reducers, valves, etc. The pressure drop caused by these individual components
can be described with the pressure drop coefficient ζ and is in most cases determined
experimentally. The pressure drop coefficient is defined in an analogous way to the pipe
friction coefficient, i.e. as the ratio between the pressure drop in the component and
the dynamic pressure of the flow. For one pipe section of a length l with constant inner
diameter d and constant density and therefore constant mean flow velocity c, the empirical
equation

∆pv =
% · c2

2
·
(
f · l

d
+
∑

ζi

)
, (2.16)

can be used [22]. For turbulent pipe flow, the degree of turbulence has an additional
influence on the pressure drop. Furthermore, the roughness of the pipe wall has a major
influence on the pipe friction coefficient. The fluid particles attach directly to the wall
due to the adhesion conditions there. However, no turbulence can form in the immediate
vicinity of the wall, since crossflows are prevented by the wall. For this reason, a so-called
laminar boundary layer forms in the immediate vicinity of the wall.

Depending on the thickness of this laminar boundary layer and the size of the roughness,
the boundary layer covers the roughness of the wall to a greater or smaller extent. Large
roughness influence the flow very strongly and therefore lead to an increased turbulence.
This is in turn responsible for a relatively large pressure drop. If the laminar boundary
layer completely covers the surface roughness, the pipe is considered hydraulically smooth
and the pressure drop is therefore lower. The roughness, which ultimately characterizes
the edge region of the flow, must always be seen in relation to the entire flow cross-section,
i.e. to the pipe inner diameter. The ratio of absolute roughness and pipe diameter is also
referred to as relative roughness [32].

According to Schmidt [120], the calculation of the two-phase pressure drop differs fun-
damentally from the procedure for a single-phase flow. This is because the two phases
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influence each other (this interaction is taken into account with void fraction). The two-
phase pressure drop

∆ptotal = ∆pfrict + ∆pmom + ∆pstatic. (2.17)

consists of static, momentum and frictional pressure drop [37]. Depending on the flow
conditions, the distribution of the phases within a cross-section is different. Accordingly,
the alternating conditions are also different, which is also influenced by the orientation.
It makes a difference whether the refrigerant flows vertically or horizontally in the pipe.
For vertical flow upwards the following flow forms occur, which are also displayed in
Figure 2.6:

(A) In bubbly flow, the bubbles are almost homogeneously mixed with the liquid. In
this case, the wall is only wetted by the liquid phase.

(B) In plug slug flow, very large bubbles occur in addition to smaller bubbles. The
length of the bubbles is often several times the diameter of the tube.

(C) In intermittent flow, which is also called chaotic flow, there are small and large
bubbles. The distribution seems random.

(D) In stratified-wavy flow, the liquid is mainly on the wall. The gas phase is inside.
It mixes with droplets, which can be arranged in strands.

(E) In annular flow, the liquid is almost completely on the wall and the gas phase
selects only a few drops of liquid.

Figure 2.6.: Flow forms through a vertical pipe (acc. to [120])

In the case of horizontal flow forms, the following phenomena occur, which are also
shown in Figure 2.7:

(a) In bubbly flow, small bubbles are present, which are increasingly found at the top
of the tube due to gravity.

(b) In stratified flow, the gas flows over the liquid. No waves or the like can be seen
at the phase boundary.

(c) In wavy flow, gas also flows over the liquid. However, in this case waves can be
seen.
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(d) In slug flow, liquid and gas are separated. The intense waves partially fill the
entire cross-section. Bubbles often appear in the liquid phase. There are many
liquid droplets in the gas phase.

(e) In annular flow, gas flows inside the tube. The wall is completely wetted. Due to
gravity, most of the liquid is located in the lower part of the pipe.

Figure 2.7.: Flow forms through a horizontal pipe (acc. to [120])

In some cases it is important to predict what type of flow will occur. In the case of surge
flows, the pulses can cause damage to the fittings or pipe bends.

In practice, the type of flow can be determined from so-called flow pattern maps. For
outward (vertical) flow, for example, the flow pattern map according to Hewitt and Roberts
can be used [62]. For horizontal flow, the flow pattern map according to Taitel and Dukler
is applicable [133]. The Lockhart-Martinelli parameter

Xtt =
ṁL

ṁG
·
√
%G

%L
(2.18)

is often used to estimate the flow pattern [91]. The flow forms are partly discontinuous.
This means that they can change in a step-like manner at one location. When modeling
flow shapes, it is simplistically assumed that the form is continuous. There are different
model approaches. The most common are

• the heterogeneous model,

• the homogeneous model,

• the drift-flux model and

• the two-fluid model.

Since both the drift-flux and the two-fluid model are very complex to simulate, they are
only used in the context of very high-level simulation procedures [23, 92]. Therefore, the
heterogeneous and homogeneous model are mostly used in practice. An essential quantity
for describing gas-liquid flows is the void fraction mentioned above. For discontinuous
flow (e.g. slug flow), the void fraction is averaged over a time interval. By averaging the
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void fraction, this discontinuous flow can also be calculated like a continuous flow. For
example, it is assumed that the flow velocity is the same for the liquid and the gas phase.
A gas homogeneous model is well suited to describe two-phase flows when the phases
are well mixed or differences between the phases are small. As the name suggests, the
heterogeneous model is based on two phases with different properties. Here, for example,
the slip ratio, i.e. the difference in flow velocities between the liquid and gaseous phases,
can also be calculated. Most calculations of the two-phase friction pressure drop are
based on empirical approaches. A two-phase multiplier ΦL is often used. This was first
introduced in 1948 by Matrinelli and Neslon [94]. The underlying assumption is that the
two-phase pressure drop

∆pfrict = ∆pL · Φ2
L (2.19)

can be calculated with either the liquid or the gaseous phase. A detailed example can be
found in the appendix section A.1.

2.9. Regimes of Spot and Swirl Evaporators

In order to make comparisons and analogies, but also to see where the dissimilarities lie,
the different regimes of both evaporator forms are presented here. Both evaporator de-
signs have a cross-sectional constriction due to the fitting required to transition from the
high pressure refrigerant line to the capillary tube. Both evaporator types have a rela-
tively long capillary tube (200 mm) in which a single-phase and, depending on the material
properties of the refrigerant and the geometry and surface roughness of the capillary tube,
a two-phase pressure drop takes place. Characteristics for both evaporator types is the
spray cooling on the front side of the blind hole as well as the deflection by 180° which is
connected with a corresponding turbulence.

From here on, the flow regimes of both evaporator designs differ. In the spot evapo-
rator shown in Figure 2.8, the flow returns in the annular gap. The pressure drop and
the heat transfer coefficient in the annular gap can be calculated as normal two-phase
pressure drop and heat transfer with the aid of the hydraulic diameter (the diameter of
the capillary must be subtracted from the total diameter).

Figure 2.8.: Regimes of a spot evaporator

As the name suggests, the backflow in the swirl evaporator takes place in a swirl-generating
helix geometry. Firstly it reduces the hydraulic diameter, which has a positive effect on
the heat transfer coefficient, but also significantly extends the evaporator path. Therefore,
the reflux path splits into two-phase pressure drop and heat transfer and, if superheating
occurs, single-phase pressure drop (and heat transfer) to the end of the evaporator path.
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The regimes of a swirl evaporator are shown in Figure 2.9. The regimes of the swirl

Figure 2.9.: Regimes of a swirl evaporator [46]

evaporator can be divided into regimes which are only relevant for hydraulic purposes
(such as the estimation of the pressure drop) and thermally active regimes. The thermally
active regimes again can be subdivided into heat transfer obtained with nucleate boiling
(which is the most efficient form of boiling) and the departure from nucleate boiling (DNB)
when later in the process film boiling occurs after the critical heat flux has been reached.
The following list breaks down the points to be examined.

Regimes of the spot evaporator

• Hydraulically active:

– sudden cross section narrowing

– single-phase pressure drop in the capillary

– two-phase pressure drop in the capillary

– pressure drop in the spray and in the backflow

– two-phase pressure drop in the ring gap

• Regimes involved in the heat transfer:

– spray cooling.

– heat transfer in the ring gap

• Regimes in which CHF might occur:

– CHF in spray cooling

– CHF in the ring gap

Regimes of the swirl evaporator

• Hydraulically active:

– sudden cross section narrowing

– single-phase pressure drop in the capillary

– two-phase pressure drop in the capillary

– pressure drop in the spray and in the backflow

– two-phase pressure drop in the swirl

– single-phase pressure drop in the swirl

• Regimes involved in the heat transfer:
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– spray cooling

– heat transfer in the swirl

• Regimes in which CHF might occur:

– CHF in spray cooling

– CHF in the swirl area

Since the area of the lateral area exceeds the area of the face surface (depending on the
length to diameter ratio) by factors, the heat transfer mechanisms of the lateral area is of
great interest. What comes closest to this behavior in the literature are the so-called coiled
tubes. Due to their compact structure and good thermal expansion behavior, coiled tubes
(or spiral tube heat exchangers) are used in many industrial applications. In power plants,
they are used as steam generators for power generation. Due to their compact structure,
they are also interesting for marine and aviation applications [59]. Another similarity to
the swirl evaporator is the work of Yagov [142], who put a twisted tape into a tube to
improve the heat transfer.

Also involved in heat transfer in the swirl evaporator is spray cooling (however, due to
the smaller heat transfer surface, it has less influence than the heat transfer in the helical
part of the swirl evaporator). After the refrigerant is sprayed at the face of the bore, it is
deflected by 180° in relatively limited space and exhausted against the direction of flow.
This is where the swirl and spot evaporators also differ. In case of the swirl evaporator,
suction takes place between 170° for a helix geometry with a high pitch and 100° for helix
geometries with a low pitch, depending on the pitch of the helix geometry (screw). Since
the pitch also directly influences the number of threads, most helix geometries have an
inlet angle of 100° to 110° in the evaporator section of the helix geometry. The relationship
between the pitch and the deflection angle is shown in Figure 2.10.

Figure 2.10.: Relationship between pitch and deflection angle of the flow
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2.9.1. Spray Cooling

In spray cooling, liquid refrigerant is directed through a nozzle onto a surface to be cooled.
The refrigerant hits the cooling surface as a full jet or already atomized. Due to the kinetic
energy, the barrier layer can be penetrated during film boiling, enabling the high heat flux
in spray cooling. The work of Katto and Kunihiro is seen as fundamental work in the field
of spray cooling with low wall superheat [68]. Two experiments are compared. In the first,
a heated surface is cooled by a refrigerant. In the second, this surface is cooled by a jet
produced by a nozzle. Both experiments took place under atmospheric pressure. The jet
could increase the CHF by 20 % when doubling the jet velocity. It was found that a larger
mass flow of the refrigerant, leads to an increase of the critical heat flux.Figure 2.11 shows
schematically how spray cooling works with the most important influencing variables.
Heat transfer takes place at the heating surface on the basis of thermal conduction, which
makes it possible to realize the high heat flux in spray cooling.

Figure 2.11.: Principle sketch of spray cooling and influencing variables (acc. to [75])

A model for calculating the critical heat flux in spray cooling is provided by Monde and
Katto [97]. Water and the refrigerant R-113 were studied. For calculation, the fluid is
considered as one substance. For this purpose, the proportion of the liquid and gaseous
substance is averaged according to their volume fraction. In this model, the factors, mass
flux, orientation of the heating surface, heating surface and internal diameter of the nozzle,
type of fluid, are also considered.

Mudward and Estes [100] found out in the experiments with the refrigerant FC-72 that
the type of spray has a decisive influence on the critical heat flux. There is spray cooling,
where the pressure difference at the nozzle outlet causes the fluid to be atomized, and
impingement jet cooling, where the fluid is atomized by the addition of a gas. In the
calculations of Mudward and Estes the volume flux and the sauter diameter are included,
also the subcooling is considered and not a correction factor is used. The influence of the
subcooling under consideration does not contribute to an increase in the critical heat flux.
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Pautsch and Shedd have found that higher turbulence of the refrigerant leads to lower
effectiveness [110, 125]. Thus, impingement cooling is less effective compared to spray
cooling. In addition, the critical heat flux is increased when the jet of refrigerant wets
a small area of the heat exchanger. Kim et al. found that a larger spray duct, of the
refrigerant, on the surfaces, leads to a larger heat transfer coefficient [3]. Thus, the heat
flux is increased. The experiments were carried out with the refrigerant PF-5060. Hybrid
systems can be used to increase the heat transfer coefficient. In these, spray and impinge-
ment cooling is combined with another heat transfer mechanism. Barreau et al. combined
spray cooling with a mini-channel [15]. Liquid water was used for cooling, which remained
in the single-phase region throughout the process. By combining both systems, a more
uniform temperature distribution was obtained compared to spray cooling alone.

2.9.2. Coiled Tubes

For flows in coiled tubes or pipes, there is a pressure gradient acting perpendicular to the
main flow direction generated by the centrifugal force. The centrifugal force results in
secondary flow which has a significant influence on the distribution of the two phases in
the pipe helix, which characterize the local heat transfer, as shown in Figure 2.12. The
liquid has a higher density compared to the gas, therefore it is assumed that the liquid
is pressed against the outer wall [60]. The secondary flow exerts a shear stress on the
inner surface of the liquid film. This causes the liquid flow to move from 270° to 90°,
improving the rewetting of the surface. Young and Bell [144] found out that the liquid
film disappeared first at the top of the coil 0° and then at the bottom of the 180° when
measuring the local heat transfer coefficient along the length and circumference of the coil.

Figure 2.12.: Secondary flow in a coiled tube (acc. to [144])

The position of the liquid film varies depending on the mass flux and operating pressure. In
Figure 2.13, the positions of the liquid film are clarified. At a mass flux G > 850 kg/(m2 s)
the centrifugal force prevails, pushing the liquid against the outer wall. If the mass flux
drops below 850 kg/(m2 s), gravity prevails and the liquid film forms at the bottom of the
pipe helix. Ishida [65] finds that when the gas content is large, the liquid migrates to the
inner wall of the pipe helix. This phenomenon is called “film inversion” and it occurs at
high gas but low liquid flow rates. If the liquid fraction continues to decrease, the film
migrates upward until the liquid layer breaks off and is thrown to the outer wall of the pipe
helix. Film movement of the liquid at various gas mass flow rates shown in Figure 2.13
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corresponds with the following items:

a) With upward, helical flow and low gas flow rates, the liquid film was mainly located
on the outer wall of the tube

b) The liquid film moves to the neutral position as the gas velocity increases.

c) As the gas velocity continues to increase, the liquid film moves into the inverted
position.

d) As the gas velocity increases, the film continues to move up the inner wall of the
tube.

e) At higher velocities, the liquid was carried away from the film and flung onto the
outer part of the wall.

Figure 2.13.: Film movement of the liquid at various vapor mass flow rates (acc. to [65])

Smaller pipe diameters of d = 4 mm were tested by Yi et al. [143]. Pure liquid flow, surge
flow, and unsteady stratified flow were found, as shown in Figure 2.14. A ring flow did
not occur due to the small flow velocities.
Hardik investigates in his work the pressure drop in small diameter coiled tubes and comes
to the conclusion that the curvature effect is fully included in the correlation for single
phase pressure drop [59]. In a later work he investigates the distribution of heat transfer
in the pipe coil. This is realized with temperature measurement around the pipe helix.
The diameters of the tubes are chosen between 5 mm and 10 mm. It was found that with
larger radius, the inner heat transfer coefficient increases, while the outer one decreases
more and more. Overall, the average heat transfer coefficient remains the same compared
to a straight tube [58].
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Figure 2.14.: Two-phase flow patterns in coiled tubes (acc. to [143])
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3. Development of the Swirl Evaporator Model

This chapter presents the calculation models and correlations used to simulate the thermo-
dynamic processes within the swirl evaporator. Due to the novelty of the swirl evaporator,
there is currently no model in the literature that can be used for comparison. Therefore,
several correlations are proposed that could theoretically be used. The simulation model
is based on theoretical, empirical and semi-empirical equations proposed in literature to
calculate single and two-phase pressure drops, heat transfer coefficients and CHF for dif-
ferent geometries. The input variables should be easily measurable quantities, such as the
geometric parameters, evaporating and condensing pressure, temperature of the refriger-
ant before entering the capillary tube, temperature after the refrigerant leaves the swirl
evaporator and its subcooling.
Before going into more detail about how the swirl evaporator model works, the processes
that occur in the evaporator are explained using the pressure enthalpy diagram illustrated
in Figure 3.1. The corresponding steps in the cycle process are shown in Table 3.1 and
the regimes are already described in Chapter 2 (Figure 2.9). The refrigerant mass flow
ṁ enters the capillary through a fitting, which causes a pressure drop due to the sudden
cross section reduction. After that, the refrigerant flows through the capillary tube, which
causes a pressure drop because of the frictional losses. Depending on the pressure drop in
the capillary tube a two-phase condition may occur. This is mainly a function of hydraulic
diameter, length and flow velocity. After that the refrigerant is sprayed against the hot
end face of the blind hole, where it partly evaporates and is deflected by 180° in the pro-
cess. Depending on the insertion depth of the swirl generating geometry, the refrigerant
is first passed through a small section of “spot evaporator” or “pre-swirl” before entering
the helical geometry. The process steps that take place in the swirl evaporator itself are
shown in the bold line in Figure 3.1. The process steps outside the swirl evaporator, which
do not differ from an ordinary refrigeration cycle, are illustrated with the thin black line.

Figure 3.1.: Cycle process in the swirl evaporator in the pressure-enthalpy diagram [46]

24



CHAPTER 3. DEVELOPMENT OF THE SWIRL EVAPORATOR MODEL

Table 3.1.: Steps in the cycle process

Step Process

0→1
refrigerant flows through the fitting into the capillary tube
sudden cross-section narrowing from 6 mm to 0.5 mm

1→2 single phase pressure loss in the capillary tube

2→3 two-phase pressure drop in the capillary tube

3→4
at the capillary outlet, the refrigerant expands as a spray channel
onto the end face of the pocket hole

4→5
the refrigerant counterflow enters the helical geometry
against the inflow direction and continues to evaporate
This area is also called the swirl part of the evaporator

5→6
if the heat input is above the latent heat the refrigerant
will already overheat in this area

6→7
for compressor safety there is also an additional post evaporator
in the test bench to assure a fixed overheating of the refrigerant

7→8 the refrigerant is compressed to condensation pressure

8→0
the refrigerant condensates in the condenser and gets subcooled
in an additional heat exchanger

In the swirl evaporator test carrier, the heat load is transferred into the system with the
use of an electric heater tape via the outer surface of the cylinder. The test carrier hous-
ing, which is displayed in Figure 3.2, is made out of copper which has a relatively high
thermal conductivity of around 380 W/(m2 K) [2] and distributes the heat along the heat
transferring surface. The heat is dissipated in the blind hole by the evaporation of the
refrigerant.

To model the swirl evaporator, 3 different physical principles must be considered:

• pressure drop

• heat transfer

• critical heat flux

Knowledge of the pressure drop ∆p is essential, as it allows calculation of the mass flow
ṁ. The mass flow influences the Nusselt number Nu which influences the heat transfer co-
efficient. Knowledge of the heat transfer coefficient α is important because it can be used
to infer the cooling capacity of the evaporator. Understanding the CHF q̇crit. is important
because it limits the evaporator capacity upwards.

Basically, there are 3 different models which would work on their own, but which can also
interact with each other. In order to determine the two-phase pressure loss in the pressure
loss model, however, it is important to know not only the geometry and roughness, but
also the change in vapor quality (or the power introduced into the swirl evaporator) in
order to be able to calculate the pressure loss.

To determine the pressure drop, various pressure drop models from the literature are
simply evaluated and “connected in series” to calculate the pressure drop with the exper-
imentally determined mass flow. However, the model also works “the other way around”.
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Since in refrigeration systems in industry, pressures can be measured very easily but mass
flows only with an increased effort. Therefore, a algorithm was programmed to determine
the mass flow based on the pressure loss. This is an iterative procedure in which from an
estimated starting value of the mass flow, the mass flow is increased or decreased incre-
mentally in the numerical simulation. This is repeated until the calculated pressure loss
matches with the measured. However, it should be mentioned at this point that either the
pressure loss or the mass flow must be known in order to apply this model.

To connect the individual models already mentioned “in series”, the swirl evaporator must
first be divided into different assemblies. These assemblies are then further subdivided
into sectors, or more precisely, into fluidic regimes in order to be able to calculate the
thermodynamic processes. For calculating the processes in the individual regimes, suitable
models from the literature are used. To get a better idea of the system and to get an idea
for the geometry and dimensions, the profile of the swirl evaporator is shown in Figure 3.2.

Figure 3.2.: Profile of a swirl evaporator with hydraulically relevant parts [46]

3.1. Refrigerant

All calculations and investigations in this work have been carried out with the refrigerant
R-32. It meets all relevant criteria to be used in an industrial environment in a swirl
evaporator. Since it is used in many applications (e.g. air conditioning) and it is the
replacement refrigerant of R-410A, low investment costs are needed to set up a refrigeration
system for R-32. Due to its wide distribution, it has also a good availability in the market.
Furthermore, all relevant parameters for the choice of a refrigerant for a swirl evaporator
are fulfilled [66]:

• The vapor pressure remains below 20 – 30 bar even in critical situations.

• Evaporating temperature at atmospheric pressure is −51.7 °C and the specific en-
thalpy of evaporation is 280.8 kJ/kg.

• Toxicity and flammability are in class A2L [38]. This means:

– The flame spread velocity is less than 10 cm/s,

– an explosion limit of 100 g/m³

– and a combustion enthalpy of <19 MJ/kg.

– The workplace guideline limit is ≥400 ml/m³.

– In the application case, this means that a filling quantity of the total system of
11.4 kg of refrigerant must not be exceeded, but this can be achieved in practice
without any problems.
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• Environmental compatibility is within acceptable limits.

– Global Warming Potential (GWP) is 675 [41] and the

– Ozone Depletion Potential (ODP) is zero [41].

All substance data were determined using the software Engineering Equation Solvers
(EES). This means

• This means the thermodynamic properties of R-32 are described using the equations
of state by Tillner-Roth and Yokozeki [134].

• The correlation applies to temperatures from the triple point at 136.34 K to 435 K
and pressures up to 70 MPa.

• The liquid phase viscosity and conductivity data are from the general correlation
described by Assael et al. [12].

• The property correlation is applicable over the same range as the equation of state.

• The surface tension is determined using the correlation of Mulero et al. [101].

3.2. Fitting/Cross-Section Constriction Model

The first hydraulically active regime is the model for the pressure loss caused by the
fitting. The fitting connects the capillary with the rest of refrigeration cycle. A cross-
section constriction model is used to calculate the pressure loss. Since there is no heat
input here, it is assumed to be adiabatic. To describe the thermodynamic change of state,
a simple single-pass pressure drop model is sufficient. A picture of the fitting and the
capillary tube is shown in Figure 3.3.

Figure 3.3.: Picture of the fitting and capillary tube

Pressure Loss in the Cross-Section Constriction

The sudden cross-section constriction caused by the fitting can be calculated with the
Borda-Carnot equation [106]

∆p = ζE ·
%

2
· c2, (3.1)

which is a derivation from the Bernoulli equation. The pressure loss coefficients ζE for the
respective inlets can be found, for example, in the corresponding chapter of the VDI Heat

27



CHAPTER 3. DEVELOPMENT OF THE SWIRL EVAPORATOR MODEL

Table 3.2.: Pressure loss coefficients for the outlet from vessels with quiescent fluids

edged inlet
very sharp

normal broken

ζE = 1.69

ζE = 0.5

far ahead edged inlet
very sharp
(Borda Estuary)

ζE = 3

rounded inlet

depending on
smoothness

normal

ζE = 0.005
to 0.06

ζE = 0.05

rounded inlet under angle δ
normal broken

ζE = 0.5 + 0.3 · cos(δ) + 0.2 · cos2(δ)

Atlas [106] or other relevant literature [21] as shown in Table 3.2. Since the capillary tube
protrudes into the high-pressure side tube area, a Borda Estuary is assumed here.

In the original application form, these equations are used to calculate pressure losses from
vessels containing liquids at rest into various inlets of pipes as displayed in Table 3.2.
However, this simplification seems appropriate since the diameter of the inlet pipe and
the capillary tube differs by a factor of 12. Furthermore, the assumption is made that the
pressure loss is isenthalp. In this way, step “0→1” from Figure 3.1 resp. Table 3.1 can be
calculated.

3.3. Capillary Model

The second hydraulically active regime that directly follows the fitting respectively cross-
section constriction is the capillary. Since there is no heat input or output from the
capillary, this model can also be assumed to be adiabatic.

Pressure Loss in the Capillary Tube

Depending on the flow velocity and the subcooling of the refrigerant, a single-phase and
two-phase pressure loss could occur in the capillary tube due to the frictional pressure
losses. Because of this phenomenon the capillary tube (which is a throttling element)
must be divided into two subareas: A single-phase and a two-phase pressure drop

∆pcap = ∆pcap; 1ph + ∆pcap; 2ph. (3.2)

If the latter is the case, the correlation for the calculation of the pressure drop must be
changed, hence the single-phase pressure drop correlation is no longer sufficient to describe
the pressure loss. Since the capillary is a throttling element, it is assumed that an isentalpic
expansion takes place. Thus, the enthalpy can be used to determine the corresponding
saturated vapor pressure. If the enthalpy falls below the saturated vapor pressure, the
correlation is changed to the two-phase correlation. The transition point is calculated by
the moving boundary model and is a result of the thermodynamic conditions. Thus, for
each calculation, the respective distance of the single-phase and the two-phase pressure
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loss is calculated. An illustration of the capillary-model with the variable transition point
from single-phase to two-phase is shown in Figure 3.4.

Figure 3.4.: Capillary model with variable transition point

To determine the exact length of the capillary tube at which the flow becomes two-phase,
the capillary must be divided into n small length increments as shown in Figure 3.5. Here,
the individual pressure losses of the segments from i = 0 to i = x are added up until the
saturated steam pressure is reached, the remaining capillary tube is then further calculated
with a two-phase correlation and has n− x increments.

Figure 3.5.: Capillary model segmentation

To recap: The capillary tube pressure loss model consists of a single-phase and a two-phase
submodel or subregime. The length of each regime is defined by the variable transition
point of the moving boundary model and depends on the frictional pressure loss in the
capillary tube and the thermodynamic input variables of the refrigerant.

Single-Phase Correlation Capillary Tube

In order to find out the appropriate correlation, it must first be clarified whether the pipe is
hydraulically smooth or hydraulically rough as proposed in [21]. The roughness coefficient
of the capillary was assumed to be k = 0.0015 mm for drawn stainless steel and the inner
diameter of the tube is dcap = 0.5 mm. According to Colebrook [32], pipes can be divided
into hydraulically smooth, rough, or a transition area between smooth and rough. The
following criterion

65 < Re · k

dcap
< 1300 (3.3)

helps to determine this. If the calculated value is below 65, the pipe is hydraulically
smooth, if it is between 65 and 1300, the pipe is in a transition zone and if the value is
above 1300, the pipe is hydraulically rough. The individual correlations are listed below
[21, 32].
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Hydraulically Smooth Pipes

Depending on the degree of turbulence, which is defined by the Reynolds number, two
different equations can be used to calculate the pressure loss coefficient ζE. For the range
2320 < Re < 105, the equation of Blasius [19],

ζE = 0.3164 ·Re−0.25 =
(

4
√

100 ·Re
)−1

(3.4)

is used. For the range 105 < Re < 5 · 106,

ζE = 0.0032 + 0.221 ·Re−0.217 (3.5)

is applied.

Hydraulic Transition Area

If the value obtained from Equation 3.3 is between 65 and 1300, the pipe is in a transition
zone that can be calculated with the equation of Altschoul [21, p. 163],

1√
ζE

= 1.8 · lg

 Re

Re ·
(

k
10·dcap

)
+ 7

 . (3.6)

Hydraulically Rough Pipes

And if the value from Equation 3.3 is above 1300 the pipe is hydraulically rough, which
an be calculated with the equation of Moody [98],

ζE = 0.0055 + 0.15 ·
(

k

dcap

)1/3

. (3.7)

In case there is only a single-phase pressure loss, it can be calculated via Equation 3.8,

∆p = ζE ·
l

dcap
· %

2
· c2. (3.8)

with the capillary length of lcap = 220 mm. In case of phase change in the capillary, the
total length of the capillary is divided into, for example, n segments. The pressure loss
for the length

∆l =
lcap

n
(3.9)

is determined cyclically and it is queried whether the operating pressure has fallen below
the saturation vapor pressure and whether the two-phase area has been reached. At this
moment the length of the single-phase area and the pressure drop in it is known and can
be considered in the single-phase and also the two-phase pressure loss correlation.

Two-Phase Correlation Capillary Tube

Since a gas and liquid phase occur in a two-phase flow, the viscosity cannot be determined
exactly, a viscosity model must be used in this case. In regimes with two-phase refrigerant
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state, gaseous and liquid phase are described together in one model, ergo defined with the
same flow velocity. For the simulation, a viscosity model according to Akers [7],

ν2ph =
νL

1− x+ x ·
(
%L

%G

)0.5 (3.10)

is used. The viscosity is calculated for the two-phase state with the vapor content x and
the density for liquid and gas phase. The viscosity model is also used to calculate material
properties such as thermal conductivity, thermal diffusivity and surface tension.

For the pressure loss in a two-phase flow in a pipe with unknown flow form, the correlation
of Garcia et al. [52],

∆p2ph =
∆l · 2%Mc

2
M

D
·

0.0925 ·Re−0.2534 +
13.98 ·Re−0.9501 − 0.0925 ·Re−0.2534(

1 +
(
Re
293

)4.864
)0.1972

 (3.11)

can be used. Since this is a two-phase flow an average velocity cM and an average mixture
density %M are given. The mean flow velocity cM

cM =
cL + cG

2
, (3.12)

is the sum of the empty pipe gas velocity cG and empty pipe liquid velocity cL,

cL =
V̇L

A
=
ṁ · (1− x)

%L ·A
(3.13)

with

cG =
V̇G

A
=

ṁ · x
%G ·A

. (3.14)

The mixture density %M

%M = %L · ΛL + %G · (1− ΛL) (3.15)

is defined as in Equation 3.15 with

ΛL =
V̇L

V̇L + V̇G

. (3.16)

Due to the dominant share of the liquid phase in the total pressure drop, the average
Reynolds number,

Re =
cM · d · %L

ηL
(3.17)

is calculated exclusively with the viscosity for the liquid phase. To simplify the overview,
the variables are listed here.
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cM m/s Mean flow velocity
%L kg/m3 Density of the liquid phase
%G kg/m3 Density of the gaseous phase
%M kg/m3 Mixture density
ΛL − Volume flow portion liquid phase
∆l m Length of the pipe relevant for pressure loss
D m Pipe Diameter
Re − Reynolds number

V̇L m3/s Liquid volume flow of the stream

V̇G m3/s Gas volume flow of the stream

3.4. Spray Model

After leaving the capillary tube, the refrigerant is sprayed onto the evaporator wall by a
sudden expansion of the cross-section. Since the refrigerant is sprayed onto a heat transfer
surface and is also deflected against inflow direction, pressure drop and heat transfer must
be considered in the spray model.

3.4.1. Pressure Loss in the Spray

The spraying against the hot wall and the deflection of 180° with a sudden expansion of
the geometrical cross-section but also the refrigerant itself (because of the phase change)
results in pressure changes. Since this can be a two-phase flow, a correlation must be used
which takes this into account. Figure 3.6 shows the schematic structure in the spray.

Figure 3.6.: Illustration of spray from the capillary tube with a sudden change in cross
section [46]

Here a jet flows at a 90° angle from the capillary tube against the evaporator wall. On
the outside of the evaporator there is a counter-flow which is exhausted via the swirl. For
the estimation of the pressure drop in the spray area the assumption is made that flow
and counter-flow of the spray are in each case related to half of the evaporator diameter
Db = 4.5 mm [28]. This takes into account the two-phase flow as well as the occurring
counter-flow. The model considers a two-phase state during spraying from the capillary
and the influence of the counter-flow. It assumes an expansion due to a sudden change in
cross-section up to half the bore diameter. As shown in Figure 3.6 In the other half of the
bore diameter, the reverse flow takes place in the model. The two-phase pressure drop of
the occurring flow in the spray is completely defined when the single-phase pressure drop
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and the two-phase pressure drop factor γspray are calculated. The two-phase pressure drop
∆p2ph, spray consists of the product

∆p2ph, spray = ∆p0 · γspray. (3.18)

Were γspray is the two-phase component that factor is calculated according to

γspray = 1 +

((
νG

νL
− 1

)
· (B · x · (1− x) + x2

)
. (3.19)

Were x is the vapor content at the capillary tube outlet and νG/νL the ratio of the gas
and liquid viscosities. A distinction is made, depending on the ratio of the vapor content
and the specific volume.

The coefficient for the two-phase flow is determined as

B =

(
1

kslip

)0.28

. (3.20)

Depending on the ratio of vapor fraction to the specific volume, different calculation meth-
ods must be used to calculate the velocity ratio kslip.

For Xxp > 1 holds

kslip =

(
νG

νL

)0.25

(3.21)

and for Xxp ≤ 1

kslip = 1 + x ·
(
νG

νL
− 1

)0.5

. (3.22)

Xxp is calculated according to the equation

Xxp =
1− x
x
·
(
νL

νG

)0.5

. (3.23)

The equation for determining ∆p0 applies to the single-phase pressure drop,

∆p0 =
ξspray ·G2 · νL

2
(3.24)

with

ξspray =

(
−2

σar

)
·
(

1−
(

1

σar

))
(3.25)

and

σar =
1

4
·
D2

b

d2
cap

. (3.26)
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3.4.2. Heat transferred by the Spray

The Nusselt correlation which is used to calculate the heat transfer through the spray is
from Lindemann et al. [89]. The Lindemann correlation is a modification of the Goldstein
correlation [114], which is for the fluid air in its original form. By modification, the
correlation is also applicable to other unspecified fluids. This correlation describes the
heat transfer of jets at a certain angle onto a wall, this is shown in Figure 3.7.

Figure 3.7.: Injection angle to the cooling surface

The variables have the following meaning:

lwk Distance between capillary outlet and the cooling wall
(end face of the blind hole)

Θ Injection angle in dregrees
Pr Prandtl number
m Factor experimentally determined to 0.75 after [89]

If a two-phase flow is present, the required material data are calculated with the viscosity
model for two-phase fluids. The result is a correlation for the Nusselt number,

Nuspray = Re0.7
cap · Pr1/3 ·A · e−(B+C·cos(Φ))·

(
lwk
dcap

)m

. (3.27)

To calculate the Nusselt number, the Prandtl number, the factors

A = −1.45 · 10−4 ·
(
lwk

dcap

)
+ 0.151, (3.28)

B = 0.18 ·Θ2 − 0.54 ·Θ + 0.78, (3.29)

C = 0.16 ·Θ2 − 0.67 ·Θ + 0.66 (3.30)

and the Reynolds number must first be determined. Since a single-phase liquid state
is implied for the correlation, the material properties are determined according to the
previously described viscosity model. From the Nusselt number calculated above, the
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heat transfer coefficient can be determined via

Nuspray =
αspray · dcap

λspray
=⇒ αspray =

Nuspray · λspray

dcap
. (3.31)

3.5. Swirl Model

After the refrigerant is sprayed onto the hot evaporator wall front surface and is deflected
180° it enters the swirl area. In the swirl area, the refrigerant evaporates in the helical
evaporator section which can be e.g. a screw or a 3D printed insert. Due to the helical
flow guidance, the refrigerant is pressed against the lateral surface of the bore and the
evaporator distance is extended by factors. Since the lateral surface of the borehole has the
largest share of the heat-transferring surface, the greatest potential lies in the subsequent
optimization of this section. All three aspects,

• pressure drop

• heat transfer

• critical heat flux

must be considered in the swirl model.

3.5.1. Pressure Loss in the Swirl

In the regimes with phase change, such as in the capillary and swirl range, a different
location for the phase change occurs depending on the operating parameters. The size of
an individual phase area must be determined accordingly in the simulation by discretising
the regimes concerned.

According to Hardik [59] the two-phase pressure drop in a helical coil can be calculated
with the stretched length of the evaporator section hence “the influence of a helical coil is
completely included in the single phase pressure drop correlation for helical coils” [59].
So the pressure drop in the swirl can be described with acceptable accuracy by a two-
phase pipe flow correlation. For this purpose, the length of the tube must correspond
to the unrolled or stretched swirl length. For a better understanding of the geometrical
relations they are illustrated in Figure 3.8.

Figure 3.8.: Stretched length of the swirl (mod. from [51] and [49])

The mean helical diameter dswirl corresponds to the effective pitch diameter of a screw.
The stretched length of the swirl lswirl can be calculated with

lswirl = ((π · dswirl · n)2 + l2screw)0.5 + 2 · dswirl · π (3.32)
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which can be derived from the theorem of Phytagoras [107]. The number of windings n is
calculated as

n =
lscrew

P
. (3.33)

To calculate the two-phase pressure drop the method of Didi [37] is used. For the cor-
relation an input vapor content and an output vapor content are required. These are
calculated from the heat flow to be dissipated. The input vapor content results from the
previous pressure changes as well as the heat input into the spray which, correspond to
approximately 7 % of the total heat flux and around 13 % in the pre-swirl area. So the
inlet vapor content of the swir is approximately 20 %. For the initial vapor pressure in
this work, the simplification was made that the vapor content in the swirl changes only
with the heat input and not with the pressure drop. Since the latter has a significantly
smaller effect on the vapor content compared to an enthalpy change.

The pressure drop is calculated from the sum of momentum pressure drop ∆pmom, friction
pressure drop ∆pfrict and static pressure drop,

∆ptotal =

=0︷ ︸︸ ︷
∆pstatic +∆pmom + ∆pfrict. (3.34)

Since in a horizontal pipe the static pressure drop ∆pstatic = 0 can be can be neglected
here. The momentum pressure drop is calculated as

∆pmom = G2
total ·

{[
(1− x)2

%L(1− ε)
+

x2

%G · ε

]
out

−
[

(1− x)2

%L(1− ε)
+

x2

%G · ε

]
in

}
(3.35)

with

ε =
x

%G
·

[
(1 + 0.12 · (1− x)) ·

(
x

%G
+

1− x
%L

)
+

1.18 · (1− x) · [g · σ · (%L − %G)]0.25

G2
total · %0.5

L

]−1

.

(3.36)

Here Gtotal stands for total mass flux of liquid and vapor and is defined as:

Gtotal =
ṁtotal

Ahyd
. (3.37)

Didi’s paper compares several correlations for frictional pressure losses. It shows that the
correlation of Grönnerud [55] has the highest accuracy for intermittent flow and stratified-
wavy flow. The correlation of Müller-Steinhagen and Heck[103] has the highest accuracy
for annular flows.
In Grönnerud’s [55] correlation the single-phase pressure drop of the liquid phase is mul-
tiplied by a two-phase factor. This gives the total pressure drop for the two-phase flow,

∆pfrict = Φgd ·∆pL (3.38)
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with

∆pL = 4fL ·
(

L

dhyd,swirl

)
·G2

total · . (1− x)2 ·
(

1

2%L

)
. (3.39)

Here fL is the fluid friction factor which is determined as in Equation 3.40,

fL =
0.079

Re0.25
L

(3.40)

with

ReL =
Gtotal · dhyd,swirl

ηL
. (3.41)

The indice L refers to the use of fluid properties to calculate the characteristic numbers.
The factor for the two-phase flow can be calculated by the correlation in Equation 3.42
with the given hydraulic diameter of the swirl,

Φgd = 1 +

(
dp

dz

)
Fr

 %L

%G ·
(
ηL
ηG

)0.25 − 1

 (3.42)

with (
dp

dz

)
Fr

= fFr ·
[
x+ 4 ·

(
x1.8 − x10 · f0.5

Fr

)]
(3.43)

and

FrL =
G2

total

g · dhyd,swirl · %2
L

. (3.44)

When the fluid Froude number FrL ≤ 1, the friction factor fFr = 1 is set. Otherwise, it is
calculated as in Equation 3.45,

fFr = Fr0.3
L + 0.0055 ·

(
ln

(
1

FrL

))2

. (3.45)

Since the penetration depth of the screw is variable, evaporator distances of different
lengths are produced depending on the engagement length of the screw. However, since
the capillary remains in the same place, a pre-swirl area is created in front of the screw.
This is accounted for by two successive pressure drop correlations with different hydraulic
diameter lengths. This is illustrated in Figure 3.9.

If the swirl is not in full engagement, the remaining length of the evaporator must be
calculated with the proportional heat input to the total length plus a different hydraulic
diameter as in Equation 3.46. The hydraulic diameter dhyd of the spot evaporator and the
pre-swirl area,

dhyd, pre-swirl = dbore − dcap (3.46)

would be calculated in the same manner. The calculation of the two-phase pressure drop
in the swirl is then determined with the correlations described above with the new output
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Figure 3.9.: Sliding swirl insert

pressure from the pre-swirl area. The swirl model has thus been extended with a pressure
loss in the annular gap.

3.5.2. Heat Transfer Swirl

Determining the heat transfer in the swirl area with the highest possible accuracy is of
great importance, since the lateral surface of the borehole accounts for approx. 97 % of
the heat transfer area. A large number of correlations for estimating flow boiling have
been proposed over the past 80 years: For example [31, 30, 122, 39, 48, 18, 104, 10, 132,
86, 88, 83, 56, 33, 24, 87].

As briefly mentioned in the previous chapter, none of the equations covers a range of a coil
diameter D smaller than 50 mm and a pitch steeper than 10 mm but Hardick [58] comes
to the conclusion that: “The circumferential averaged heat transfer coefficient during a
saturated flow-boiling in a helical coil is same as a straight tube”. Therefore, a number of
correlations are proposed here. The correlation should cover a whole range from subcooled
to nucleate boiling. An early correlation still quoted is the one of Chen [24]. He divided the
heat transfer in two parts: A macro-convective and a micro-convective one. The macro-
convective, or non boiling forced convection, is based on the single-phase Dittus-Boelter
equation (liquid only) [39]. The micro-convective or nucleate boiling contribution is based
on the equation for pool boiling by Foster and Zuber [48]. Chen combined both parts,

α2ph = f · αL + s · αpool, (3.47)

to form a correlation which provides an overall heat transfer coefficient. Because there
are much higher velocities in the two-phase flow compared to the liquid only one-phase
flow there is a factor f > 1 included to represent that. The factor f was determined by
correlating it with the Martinelli parameter. Due to the thinner boundary layer in forced
convection than in pool boiling (lower superheat) a suppression factor s < 1 is needed in
the correlation. The suppression factor can be obtained by correlating it with a two-phase
Reynolds number. In the work of Chen [24] these factors are presented in diagrams, but
Bergles [18] has established equations for the diagrams.

Shah Correlation

A different but still widely quoted approach for estimating heat transfer coefficients is the
one of Shah [122]. Also in the correlation by Shah two different heat transfer mechanisms
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are considered to apply: forced convection and nucleate boiling. In the case of Shah those
two parameters are not added but the bigger one of the two is chosen [122]. An important
part in the Shah correlations plays the boiling number Bo which was first described in a
correlation by Mumm [104]. The famous Shah correlation

α2ph = max(E,S) · αsp (3.48)

with

αsp = 0.0023 ·Re0.8
L · Pr0.4

L ·
kL

dhyd
, (3.49)

is still widely used in the industry and for example also included in the internal functions of
the program Engineering Equation Solver (EES). The correlation is valid for the geometric
diameter of 6 – 25 mm and for the media refrigerant and water [122]. E is the enhancement
and S is the supression factor which can be calculated with

N = Co if (FrL ≥ 0.04) (3.50)

or

N = 0.38Fr−0.3
L Co if (FrL < 0.04) (3.51)

with

Co =

(
1− x
x

)0.8

·
(
%G

%L

)0.5

(3.52)

and

FrL =
G2

%2
L · g · dhyd

. (3.53)

For N > 1.0,

S =
1.8

N0.8
(3.54)

and

E = 230Bo0.5 if
(
Bo ≥ 3 · 10−5

)
(3.55)

or

E = 1 + 46Bo0.5 if
(
Bo < 3 · 10−5

)
. (3.56)

For 0.1 < N ≤ 1.0,

S =
1.8

N0.8
(3.57)
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and

E = F ·Bo0.5 · e2.74N−0.1
. (3.58)

For N ≤ 0.1,

S =
1.8

N0.8
(3.59)

and

E = F ·Bo0.5e2.47N−0.15
(3.60)

with

F = 14.7 if
(
Bo ≥ 11 · 10−4

)
(3.61)

or

F = 15.43 if
(
Bo < 11 · 10−4

)
. (3.62)

Characteristic of the Shah correlation is the step function-like change of the heat transfer
coefficient by taking the maximum value of E or S. This leads to the fact that in one
area the heat transfer can still be predicted very accurately and by a small parameter
variation in the next area no longer. This should result in Chapter 4 in the fact that for
some geometries the values are acceptable and for others they could be very far off the
mark.

Gungor and Winterton

The application of the correlation refers to refrigerants and water with diameters 3 – 32 mm.
Gungor and Winterton [56] modified the Chen correlation and their basic form of a heat
transfer correlation is the enhancement factor multiplied by the proportion for the liquid
only αL by the Dittus-Boelter equation [39] to which an suppression factor S for the pool
boiling equation, αpool proposed by Forster and Zuber [48] is added,

α2ph = E · αL + S · αpool. (3.63)

αL is given by the Dittus-Boelter equation (for liquid only flowing) in a pipe,

αL =
0.023 ·Re0.8

L · Pr0.4
L · λL

dhyd
. (3.64)

In two-phase flows even for very small vapor qualities velocities are higher (and also the
void fraction) and the boundary layer is thin. Therefore, for the same mass momentum G,
an amplification factor E must be introduced which is much higher than for single-phase
heat transfer. It is quite obvious that this effect depends on the liquid to gas density
ratio %G/%L and the quality x. It is a common practice to correlate this in the Martinelli
parameter,

Xtt =

(
1− x
x

)0.9(%G

%L

)0.5( ηL

ηG

)0.1

. (3.65)
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Where ηL/ηG describes the dynamic viscosity ratio between the liquid and the gas phase.
Not only the the axial velocities but also the generation of vapor in the boiling process
itself disturbs the boundary layer and enhances the heat transfer and is given by the
dimensionless number of the boiling number,

Bo =
q

∆hevap ·G
. (3.66)

So it is possible to write the enhancement factor E as a function of Xtt and Bo. In forced
convection the boundary layer of the superheated liquid, in which the vapor bubble grows,
is thinner than in pool boiling. Therefore the pool boiling term from equation 3.63 needs
to be reduced by multiplying it with the suppression factor S. The extend of it is defined
by the two-phase Reynolds number,

Re2ph = En ·ReL (3.67)

provided in Chen [24]. Gungor and Winterton [56] investigated a number of literature
expressions for αpool and concluded that the best one is proposed by Cooper [33],

αpool = 55 · p0.12
r (− log 10(pr))

−0.55M−0.5q̇0.67. (3.68)

Care should be taken not to confuse the reduced pressure pr = p/pcrit with the Prandel
number Pr. They came to the conclusion that the enhancement factor E can be expressed
as

E = 1 + 24000 ·Bo1.16 + 1.37 (1/Xtt)
0.86 (3.69)

and the suppression factor S can be represented as

S =
1

1 + 1.15 · 10−6 · E2 ·Re1.17
L

. (3.70)

They also suggested to calculated the heat transfer in saturated boiling (all values are
calculated at the saturation temperature)

α2ph = E · αL + S · αpool (3.71)

with

αL = 0.023Re0.8
L · Pr0.4

L ·
λL

dhyd
(3.72)

and

αpool = 55 · P 0.12
r · (−log10Pr)

−0.55M−0.5q0.67. (3.73)

Additionally they found out that for certain Froude numbers the enhancement factors E2

(in their case Fr < 0.05) should be calculated by

E2 = Fr0.1−2Fr (3.74)

and the suppression factor S2 should be calculated as

S2 =
√
Fr. (3.75)
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Lazarek and Black Correlation

The correlation was used for the refrigerant R-113 with a pipe diameter of 3.15 mm while
boiling [83]. Lazarek and Black suggested a simply correlation based on 738 experimental
data sets on the boiling of saturated R-113 in a pipe with an inner diameter of 3.15 mm
and indicated that the heat transfer coefficient showed a strong dependence on the heat
flux with insignificant influence of the vapor quality, which indicates that the mechanism
of nuclear boiling controls the heat transfer process at the wall [132],

α2ph =
30Re0.857

L ·Bo0.714 · λL

dhyd
(3.76)

with

ReL =
G · dhyd

µL
(3.77)

and

Bo =
q̇

G ·∆hevap
. (3.78)

Kew-Cornwell Correlation

A modified formula of the Lazarek-Black equation was proposed by Kew and Cornwell
[69] to account for the observed increase in the heat transfer coefficient with steam quality
in larger tubes [132],

α2ph = 30 ·Re0.857
L Bo0.714(1− x)−0.143 · λL

dhyd
. (3.79)

Sun and Mishima Correlation

The Sun and Mishima correlation is valid for refrigerants and water with pipe diameters
from 0.21 - 5.5 mm. Lazarek and Black [83] suggested that the predominant boiling process
is nucleate boiling. The fact that the correlation predicts the database well also suggests
that nucleate boiling may be the main mechanism. The result that nucleation dominates
was also supported by studies of boiling in small channels [135]. Tranet al. [135] and Yu
et al. [145] introduced the Weber number, i.e., the ratio of inertia and surface tension
of the fluid, in their correlations for calculating the heat transfer in small channels and
found that the heat transfer coefficient was weakly dependent on the pore quality, similar
to Lazarek and Black. However, when looking at trends in experimental data, it was
found that the heat transfer coefficient was much more dependent on the Weber number
than on the vapor quality, so a new correlation was developed based on the Lazarek-Black
correlation, taking into account the effect of the Weber number. Using the regression
method, the following equation [132],

α2ph =
6 ·Re1.05

L Bo0.54

We0.191
L ·

(
%L
%G

)0.142 ·
λL

dhyd
(3.80)
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is obtained. The Weber number for the liquid phase is calculated as

WeL =
G2 · dhyd

σ · %L
. (3.81)

3.6. Critical Heat Flux in the Swirl

As the CHF usually limits the amount of heat transferred, a collapse of the cooling process
and a subsequent failure of the heated surface may occur once exceeding CHF. In order to
calculate the CHF in the swirl evaporator, it must be taken into account that the radius
of the curvature as well as the pitch of the geometry might effect the CHF. The number
of empirical CHF correlations has increased steadily over the last 50 years. It is now
well over 1000 correlations for water-cooled tubes alone [54]. This large number of CHF
prediction methods suggests that the CHF mechanism is complex. No single theory or
equation can be applied to all CHF conditions. The complexity of CHF prediction increases
significantly when additional factors such as transients, non-uniform flow distributions and
asymmetric cross sections are considered. Since no correlation was found which covers the
exact phenomenon and geometry of a swirl evaporator, several correlation and methods
are compared and discussed:

• Yagov correlation [142]

• Qi correlation [113]

• Groeneveld’s method [54]

Yagov Correlation

The correlation of Yagov offers the possibility to give a statement about the CHF in the
wet steam region by an interpolation between the gaseous and liquid CHF,

q̇CHF,sat =
(
q̇3

CHF,L + q̇3
CHF,G

)1/3
(3.82)

with

q̇CHF,G = 0.06 ·∆hevap · %0.6
G · σ0.4 ·

(
g · (%L − %G)

µ

)0.2

(3.83)

and

q̇CHF,L = 0.5 ·
∆h

81/55
evap · σ9/11 · %13/110

G · λ7/110 · f(Pr) · g21/55
z

ν1/2 · c3/10
p ·R79/110

i · T 21/22
wall

(3.84)

with

f(Pr) =

(
Pr9/8

1 + 2Pr1/4 + 0.6Pr19/24

)4/11

. (3.85)

In addition, it is possible to adapt the correlation to a pipe swirl flow. This is done in
this work by replacing the acceleration due to gravity occurring in the correlation by the
centrifugal acceleration occurring in the swirl. This is to increase the CHF of the liquid
phase by simulating an increase of the liquid film occurring at the wall by the larger
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centrifugal acceleration. To do so the acceleration due to gravity g from the original
papers [140, 141] in Equation 3.83 and Equation 3.84 is replaced by gc = π2 · c2

a/(2y
2Di)

and results in

gc =
π2 · c2

a

2y2 · dhyd,swirl
. (3.86)

The twist ratio is given by y = P/Db. Db is the bore diameter of the bore in which the
swirl evaporator is inserted. It is the same bore diameter as shown in Figure 3.6.

Qi Correlation

The correlation of Qi has actually been validated for liquid nitrogen but is suitable for
the same geometrical orders of magnitude as well as the same mass flow rates. Another
advantage of this correlation is the low error deviation of less than ±30 %. Since the
acceleration due to gravity lowers the CHF, the adjustment of the correlation by replacing
the acceleration due to gravity with the centrifugal acceleration makes little sense for this
correlation,

q̇CHF = (0.214 + 0.14Co) ·
(
%G

%L

)0.133

·
(

1

We

)0.333 G ·∆hevap · d2
hyd,swirl

d2
hyd,swirl + 0.03L

(3.87)

with

Co =

(
σ

g · (%L − %G) · d2
hyd,swirl

)
(3.88)

and

WeL =
G2 · dhyd,swirl

σ · %L
. (3.89)

Groeneveld’s Method

Due to the complexity of predicting the CHF with a correlation Groenevend et al. [54]
developed a look-up table (which is basically a normalized data base) to predict the CHF.
The look-up table predicts the CHF as a function of the refrigerant mass flux (G), its
pressure (p) and vapor quality (x),

CHF = f(G, p, x). (3.90)

They researched the CHF for flow boiling of water in 8 mm vertical tubes for more than
30.000 data points with pressure, vapor quality and mass flux as varying parameters.
The values in between are obtained by interpolation. In order to extrapolate to other
diameters, the authors proposed the equation

CHF =
CHF8 mm√

dhyd
8 mm

. (3.91)

The Groeneveld method seems to have several advantages over correlation-based CHF
prediction methods, such as
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• ease of use

• wide application range

• no iteration required

• based on a very large database

• there is no need to choose among the many CHF prediction methods that are cur-
rently available

Groeneveld’s look-up table appears to be the Swiss Army knife among the methods of
CHF determination. Because of its 30.000 data points the estimation of the CHF in the
swirl evaporator should be relatively accurate.

Since the CHF for flow boiling is lower than for spray cooling and since the CHF oc-
curs towards the end of the evaporator section, i.e. with low vapor contents, the swirl area
was identified as the section which limits the heat transfer and in which the CHF occurs.
For the above mentioned reasons variation of the method proposed by Groeneveld was
used [54] for calculating the CHF in the swirl evaporator.

A certain heat flux Q̇swirl is absorbed in the evaporator section of the swirl area. The
quantity is defined by the specific enthalpy of evaporation ∆hvap, the mass flow rate ṁ
and the change in vapor quality between inlet xin and outlet xout,

Q̇swirl = ṁ ·∆hvap · (xout − xin). (3.92)

The inlet vapor quality can be determined using the specific enthalpies h,

xin =
hin − hl

hg − hl
. (3.93)

Using Groeneveld’s look-up table, the local CHF can be determined at the current (local)
vapor quality x. Using the exit vapor content xout for x here, it would show how much
“reserve” is left before the CHF is reached. This works because CHF decreases with
increasing quality and therefore CHF is reached first at the evaporator outlet (before it
starts to grow in the upstream direction).

The exit vapor quality xout corresponding to the vapor content at which the CHF occurs
is called the critical vapor quality xcrit.,

CHFswirl = f(p,G, xcrit., dhyd) (3.94)

with

G =
ṁ

π·d2hyd
4

. (3.95)

The maximum transmissible heat flow Q̇max can therefore be calculated by multiplying
CHFswirl by the heat transferring area Aswirl (here the lateral surface area of the borehole
defined by its length and its diameter Aswirl = π · dbore · lbore),

Q̇max = CHFswirl ·Aswirl. (3.96)
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xcrit., thus serves as an indicator whether the CHF is reached and at which power the
departure from nucleate boiling (DNB) occurs or whether it occurs at all (as long as
xout < xcrit. the DNB does not occur). So if the outlet vapor quality xout is below the
critical vapor quality xcrit., the entire swirl region is in the nucleate boiling range, resulting
in a correspondingly low wall superheat as displayed in Fig. 3.10.

Figure 3.10.: Heat transfer in the swirl area for xout < xcrit.

The exit vapor quality corresponding to the vapor quality at which CHF occurs (i.e.,
xcrit.), a small insulating vapor film forms at the evaporator exit. This point is reflected
in a slight increase in wall superheat as shown in Figure 3.11.

Figure 3.11.: Heat transfer in the swirl area for xout = xcrit.

Since less heat can be transferred at this local point because of the insulating film, but
the average heat flow remains constant, the heat flux at the remaining upstream heat
transfer surface increases. This leads to a continued increase in wall superheat which then
results in film boiling in further upstream areas of the swirl path. Figuratively speaking,
the insulating vapor film spreads from the outlet upstream along the evaporator section
as illustrated in Figure 3.12.
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Figure 3.12.: Heat transfer in the swirl area for xout > xcrit.

The insulating vapor film occurring at xout = xcrit. can be seen as the “nucleus” of film
boiling and the impending collapse of the cooling process as shown in Figure 3.11. After
that point the CHF is reached, DNB starts and the vapor film increases.

The vapor quality xout with which the refrigerant exits the swirl section at the end of the
evaporator section is therefore the critical parameter xcrit. that can be used to evaluate
whether CHF occurs or not. At xout = xcrit. CHF occurs. By inserting

xout = xcrit. (3.97)

in Equation 3.92, Q̇crit can be calculated as

Q̇crit = ṁ ·∆hvap · (xcrit − xin). (3.98)

By equating the two equations Equation 3.96 and Equation 3.98,

Q̇max = Q̇crit, (3.99)

the maximum heat flow that can be transferred under the prevailing conditions is obtained,

CHFswirl(p,G, xcrit., dhyd) ·Aswirl = Q̇crit (3.100)

and the heat flux could be calculated with

CHFswirl =
Q̇crit

Aswirl
(3.101)

or with Equation 3.94 now that xcrit is known. Figure 3.13 shows the curve of Q̇swirl and
Q̇crit 2 as a function of the outlet vapor quality xout. The critical vapor quality xcrit can
be read from the intersection of the two curves. At this point, the CHF is reached.
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Figure 3.13.: Performance curve for Q̇swirl and Q̇max

3.7. Hydraulic Optimization of the Swirl Geometry

The two-phase pressure drop is calculated from the sum of momentum pressure drop
∆pmom, friction pressure drop ∆pfrict and static pressure drop. Since in a horizontal pipe
the static pressure drop ∆pstatic = 0 can be can be neglected.

The friction pressure loss ∆pfrict depends on the geometrical conditions such as evapo-
rator length and diameter and on manufacturing conditions such as surface roughness.
To achieve an improvement that is independent of geometry and manufacturing process,
momentum pressure drop ∆pmom must be minimized. ∆pmom occurs when refrigerant is
accelerated or decelerated. To minimize ∆pmom, the flow velocity must therefore be kept
constant.

In a swirl evaporator that uses a screw or helical geometry with a constant step the
flow velocity c of the refrigerant increases because it evaporates as it flows through the
evaporator section. Due to the higher quality and lower mixed density the volume flow
increases,

V̇ =
ṁ

%
(3.102)

and because

c =
V̇

Ahyd
, (3.103)

the flow velocity increases, too. In order to minimize the momentum pressure drop ∆pmom

the flow velocity should be kept constant. This can be achieved by increasing the cross-
sectional area Ahyd simultaneously in the right proportion,

dV

dt
· dz

dAhyd
= const.. (3.104)
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In a discretized model this can be expressed as

c[i] = c[i+ 1] = const. (3.105)

or

V [i]

A[i]
=
V [i+ 1]

A[i+ 1]
= const., (3.106)

respectively.

In practice, this means that the screw with a constant step size is changed to a screw
with variable step size as shown in Figure 3.14 to maintain a constant flow velocity of
the refrigerant and therefore minimize momentum pressure loss. (This has the additional
benefit of minimizing the evaporation temperature slide without the use of azeotropic
mixtures).

Figure 3.14.: Screw or helical evaporator geometry with constant and variable step [46]
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4. Experimental Examination

This chapter presents the measuring test section i.e. the swirl evaporator test carrier
and the measuring circuit. It describes which experiments were carried out to obtain
evidence-based knowledge about the pressure loss, heat transfer coefficient (HTC) and
critical heat flux (CHF) in a swirl evaporator system. In the first section of this chapter,
the test carrier for the swirl evaporator itself is presented and the way how it was designed
is described. The second section describes the test rig, its sensors, the data acquisition
and the experimental uncertainties. Since this system is fundamentally new, extensive
screening tests are performed. In the next stage of the screening experiments, a statistical
design of experiments was carried out in order to prove main influences on the process
with statistical certainty within a confidence interval of 95 %. In the following section, the
inverse principle for determining the HTC is described together with the corresponding
FEM model.

4.1. Measuring Section: Swirl Evaporator Test Carrier

Figure 4.1 shows the functional sketch of the swirl evaporator test carrier. The screw
engagement length can be varied either by moving the adapter along the longitudinal axis
or by replacing the screw by using a longer or shorter screw. To vary the position of
the adapter, the circumferential screws must be loosened. Thus, the O-rings return to
their original position and no longer put pressure on the adapter. The swirl evaporator
test support is also free-standing to reduce the influence of external interferences and to
concentrate the heat conduction path on the refrigerant inside. Each additional bearing
point degrades the thermal insulation. The bearing point on the U-profile is therefore as
far away as possible from the heat input of the heater band. Five temperature measuring
points, which are displayed in Figure 4.3, are provided for measuring the temperature
profile from the spray cooling to the exit of the swirl.

Figure 4.1.: Swirl evaporator with variable screw engagement length [44]

In Figure 4.2, the entire evaporator is shown in cross-section. The housing and adapter
are made of copper. The housing contains a stepped blind hole. The right side of the

50



CHAPTER 4. EXPERIMENTAL EXAMINATION

housing shows the adapter through which the capillary tube enters from the right side
and terminates at the exit of the screw. On the left side of the adapter there is a screw
connection which helps fixing the screw. After the adapter, the outlet of the gaseous re-
frigerant can be seen. The outlet can be connected to the system with the help of a screw
connection. On the left side of the housing there are holes for thermocouples. The holes
are of different lengths in order to be able to measure the temperature at different points
of the housing. The system is sealed gas-tight with three sealing rings. In the entrance
area of the capillary tube to the adapter is also threaded. The screw in the thread has also
been eroded so that the capillary tube can be passed through. At the end of this screw is
a small O-ring to seal the capillary tube passage.

In the middle of the adapter there is an O-ring. This seals the housing against the adapter.
The O-ring is followed by a clamping ring. This exerts pressure on the inner O-ring and
holds it in position. After the clamping ring comes another O-ring. This seals the adapter
and housing from the outside. The cylindrical blind hole into which the screw is inserted
has an inner diameter of 4.5 mm, into which a suitably turned screw or 3D-printed screw
geometries can be inserted. A through-hole with a diameter of 0.85 mm was eroded into the
screw and screw-shaped geometries were micro-cast (the screw-shaped geometries created
using the stereolithography process were already printed with a through-hole). A capillary
tube with an outer diameter of 0.8 mm and an inner diameter of 0.5 mm is guided in this
through-hole. The capillary tube is made of drawn stainless steel. A fitting is brazed to
the right side of the capillary to connect the swirl evaporator test support to the rest of
the cold test stand.

Figure 4.2.: Profile of a swirl evaporator with hydraulically relevant parts [47]

To minimize external influences, the design is in an insulated housing. The heater tape,
which is attached around the housing and is the heat source for all the experiments, is not
shown in this illustration.

The thermocouples measure the temperature in different positions of the housing to obtain
a temperature field which in Section 4.8 is used for the estimation of local heat transfer
coefficients via inverse thermal analysis. The position of the 5 thermocouples are shown
in Figure 4.3. The exact dimensions are displayed in Figure 4.3. The exact position of the
thermocouples can also be seen in Table 4.1.
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Figure 4.3.: Positions of the thermocouples in 3-D

Table 4.1.: Position of the thermocouples

No. Axial position Radial position

T 1 45 mm 5 mm

T 2 30 mm 5 mm

T 3 50 mm 5 mm

T 4 35 mm 5 mm

T 5 19 mm central

4.2. Representation of Measuring Cycle

The refrigeration test stand is basically a normal refrigerant cycle with a number of aux-
iliaries to control superheat, subcooling and condensing temperature. The test stand and
measuring section contain a total of 22 sensors for logging pressures, temperatures, mass
flow and the performances of the main and auxiliary aggregates. In addition, the cooling
load, which is introduced into the measuring section in the form of a heating jacket, can be
set and controlled. The test stand is set up in an air conditioned room which is regulated
to 22 °C. In Figure 4.4 the RI flow diagram of the test stand is shown. In Table 4.2 the
components of the test setup are listed. The photo of the test stand is shown in Figure 4.5.
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Figure 4.4.: RI flowchart of the experimental setup (mod. from [75])

The refrigeration test stand has suitable connections to connect the swirl evaporator test
section to the rest of the refrigeration cycle. After the refrigerant has passed through the
evaporator test section (1) (shown in Figure 4.4 and Figure 4.5), the temperature and
pressure (2) are measured to determine the thermodynamic state after the test section.
Before the refrigerant flows to the oil-free two-piston compressor (8), it passes through a
plate heat exchanger (7). This is coupled to a water-glycol circuit which has the task of
evaporating and superheating the refrigerant so that only gaseous refrigerant is entering
the compressor. On the one hand, this ensures compressor safety; on the other hand,
the mass flow can also be controlled via the density of the gas. However, it is important
to keep the superheat at a constant temperature within a test series to ensure constant
test conditions. Condensation then takes place in a plate heat exchanger (10), which is
connected to a thermostat via a water-glycol cycle. Based on the discharge temperature of
the refrigerant from the plate heat exchanger, the discharge temperature of the thermostat
is selected to provide the desired condensing pressure in the circuit. After condensation,
the refrigerant is directed to a collector (9). Then the liquid refrigerant flows into a finned
tube heat exchanger (6). Here, too, a water-glycol mixture serves as heat transfer medium
for another thermostat which controls the subcooling temperature. The subcooling is set
and measured by the temperature difference between the temperature of the refrigerant
at the outlet of the receiver and the liquid temperature at the inlet to the capillary (1).
All temperatures are measured with type J thermocouples.

After the liquid refrigerant flows through the heat exchanger to set the subcooling, the mass
flow and density of the refrigerant are measured with a Coriolis mass flow meter (5). Before
entering the capillary, temperature and pressure of the refrigerant are measured with a
temperature and a pressure sensor (2), and the thermodynamic state of the refrigerant
is calculated using these values. An inner diameter of 4 mm is chosen for the liquid lines
to minimize the pressure losses. In the application, the pressure losses in the liquid line
are measured at pc = 11 bar resulting in a pressure loss of ∆p = 200 mbar. The suction
line has a diameter of 9 mm. Stainless steel 1.4301 is used as the line material. All
lines are sheathed with Armaflex foam insulation. The layer thickness of the insulation is
10 mm and have a thermal conductivity of 0.03 W/(m K) at 0 °C. Because of the Armaflex
insulation, the assumption of an adiabatic piping system is made. Components causing
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Figure 4.5.: Photograph of the test stand [44]

Table 4.2.: Components of the test setup

No. Designation Manufacturer Value range

1 Swirl evaporator and capillary support In-house production

2 Pressure sensor Endress+Hauser 0 – 1 MPa

3 Pressure sensor Endress+Hauser 0 – 1 MPa

4 Vacuum pump D.V.P 0.01 mbar abs.

5 Coriolis mass flow meter Endress+Hauser 0 – 30 kg/h

6 Thermostat, subcooler Peter Huber GmbH −25 – 150 °C
7 Post evaporator In-house production

8 Compressor REFCO 33 kg/h; gas-phase

9 Refrigerant assembler ESK Schulze

10 Thermostat, condenser Peter Huber GmbH 40 – 250 °C
11 Bypass valve, step motor controlled Peter Huber GmbH 0.75 mm

- Power meter HAMEG 1 mW – 8 kW

- DC power supply Gwinstek 0 – 30 V, 3 A

- Data acquisition National Instruments 32 bit

- Computer Dell

- Thermocouples Type J TMH GmbH −50 – 150 °C

vibrations are separated from the circuit by hoses and are vibration damped by foam mats.
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4.3. Data Acquisition and Processing

A/D converters from National Instruments (NI) and LabVIEW are used to implement the
data acquisition and processing of the test bench. Figure 4.6 shows the circuit diagram and
Table 4.2 lists the components. All thermocouples are processed via the NI-9211 and NI-
9213 A/D converters. A maximum resolution of 0.02 K possible due to an integrated cold
junction compensation and work on a 24-bit basis, which both boards have. With this, a
calibrated accuracy of 0.1 K can be achieved over the complete temperature measurement
chain. This ensures that accuracy of data acquisition can be reproduced and processed.

Figure 4.6.: Schematic of data acquisition and processing

The measuring signals of the pressure sensors and the mass flow meter are converted in
an NI-9203 A/D converter. In the 4 to 20 mA range, the transducers supply the signals
analogously as current signals. Since the sampling rate of 2 Hz is implemented on the
test bench, this is not decisive for the decision whether a current or voltage signal is used.
Current signals were chosen because they are not susceptible to interference from external
influences. For the error tolerances of the various sensors, the sampling rate of the A/D
converter is 16 bits, which is a sufficiently high resolution.
The test bench uses the software programmed in LabVIEW, various valves and a NI-
9263 control card for control. The output signal is a voltage signal of ±10 V and the
working resolution is 16 bits. This control card controls both the stepper motor controlled
expansion valve and the power of the heating tape around the sample chamber. By feeding
back the power of the heater band to LabVIEW via the power meter, the power control
loop is closed. Direct integration of the thermostats for subcooling control and condensing
pressure control into LabVlEW allows direct control therein. Alternatively, the control
can be also set manually. The changes of the measured values over a longer period of
time are graphically displayed in the user interface, as well as evaporation temperature,
evaporation pressure, condensation pressure and mass flow. The graphical user interface
shows the curve progression of all measured data for the past 20 minutes. This enables
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the identification of steady-state operating conditions. The value for the discretization
of all processes (e.g sampling rates and speed of the individual control loops) in the test
bench was determined according to the Nyquist-Shannon sampling theorem [124]. The
sampling theorem states that a signal can be accurately reconstructed from a sequence of
equally sized samples if it was sampled at a frequency that is at least twice as high. Since
the system time constant is about 1 – 2 seconds, the measured values are recorded every
500 ms, i.e. with a clock rate of 2 Hz. The data is then written to a .CSV file together
with the header, which provides information about which signal comes from which sensor.
Depending on the evaluation case, this file is then evaluated using Excel, Matlab or EES.

4.4. Estimation of System-related Uncertainties

According to DIN 1319 [1], the essential task of measurements is to detect the actual value.
Due to the fact that no measurement can detect the true value, deviations will occur in
all measurements. These are quantified in the form of a error bar or error band around
the actual value. These deviations result of the following causes:

1. Error in the conversion in the measuring chain

2. Calibration errors of the measuring equipment

3. Manufacturing tolerances

4. External influences that cannot be taken into account

5. Error of the measuring person, etc.

As shown in Figure 4.7, a measurement chain consists of several elements. Each of these
elements can be subject to uncertainties and thus cause a deviation from the actual mea-
sured value.

Figure 4.7.: Elements of a measuring system [136]

The uncertainty factor can be divided into relative and absolute factors for transducers.
The relative factor erel is dimensionless and refers to the maximum measuring range of
the respective measuring device,

erel =
xm − xreal

xm
. (4.1)
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It should be mentioned that in this subsection, the variable x refers to a measured value
and not the vapor quality. The absolute factor eabs is the difference between the measured
value xm and the real value xreal, expressed by the equation

eabs = xm − xreal. (4.2)

The uncertainty factors that are used in the experimental setup, are listed in Table 4.3.

Table 4.3.: Absolute and relative factors of the measuring equipment

Designation
Measured
quantity

Calibrated
range

Value
range

Factor

Cerabar
S PMP71

pc, po 0 – 25 0 – 10 MPa
± 0.05 %
of the measuring
range

Promass
83A

ṁ 0 – 25 0 – 30 kg/h
± 0.1 %
of the measured
value

Ministat
125-cc

Tsub −25 – 450 -25 – 450 °C ± 0.1 K

Unistat
430

Tc −50 – 90 -40 – 250 °C ± 0.01 K

HM 8115-2 P 0 – 500 0.001 – 8 W
± 0.8 %
of the measured
value

Thermocouple
Typ J

To, Tc, T1–T5, -50 – 200

For sums and differences in simple equations, the absolute factors can be added and for
products or quotients the relative factors have to be multiplied. The statistical factor estat

and the dynamic factor edyn result in the total factor of a measurement e,

e = estat + edyn. (4.3)

If input and output of a measured value in the measurement chain have a time offset,
dynamic factors occur. Dynamic factors can be neglected in this test, since the measure-
ments were carried out under stationary operating conditions. Static factors are composed
of stochastic factors esto and systematic measurement deviations esys. The measurement
factor is a result of these two factors

estat = esto + esys. (4.4)

Accurate calibration of the measurement technique can eliminate the systematic factor,
which is usually a constant offset. The stochastic factor of a measurement is more difficult
to determine, since there are various factors that have an influence:

• Measuring chain error

• Noise of sensors

• Environmental influences
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• Interpretation errors, etc.

By repeating measurements several times and forming an average, the stochastic factor can
be counteracted. Relative factors of the measurement means can be found in stochastic
factors. Normal distributions, such as the Gaussian normal distribution, are used to
counter stochastic factors. The sampling of measurements of all sensors was done with a
frequency of 2 Hz. A mean value was created from 1200 individual values, which represents
the elaborated measurement results of this work. The 1200 individual values correspond
to a measurement time of 10 minutes under unchanged conditions. Averaging of the
individual measurements xi is determined as

x̄i =
1

n

n∑
j=1

xij . (4.5)

The empirical standard deviation can be described as

s =

√√√√ 1

n− 1

n∑
j=1

(xij − x̄)2 (4.6)

and describes the mean square deviation of the arithmetic mean. From the previous
calculations, the uncertainty u

u =
1√
n
· s (4.7)

can be determined by limiting finite measured values. In addition, the extreme values xmin

and xmax are formed from the 1200 values of a measurement with unchanged conditions.

The target variable ȳ, which is a function of x̄i, can be given by the equation

ȳ = f(x̄i). (4.8)

The purpose of this calculation is to determine how the uncertainties in each of the mea-
sured variables x propagate to the value of the calculated quantity y . Where the partial
differential ∂ȳ represents the uncertainty of the variables and is represented by

∂ȳ =

√√√√ n∑
i=1

(
∂y

∂xi
|∂x̄i∂x̄i

)2

. (4.9)

To determine uncertainties for the CHF, the pressure drop and the HTC, a function inte-
grated in EES was used to determine the uncertainty. The uncertainty for the calculation
of the pressure loss is 9.6 % and for the CHF is 7.7 %. Since different heat transfer models
have been presented, the respective model-specific uncertainties are shown in Table 4.4.

4.5. Experimental Procedure

Before each series of measurements, the system is operated for at least one hour to ensure
that it is in a stable operating state. Before the start of each measurement series, it can
be selected whether the power change in the heating tape is to take place as a step or as
a ramp function. In addition, the slope of the ramp function can be determined. A ramp
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Table 4.4.: Heat transfer model-specific uncertainties

Correlation Uncertainty

Gungor-Winterton 9.7 %

Kew-Cornwell 9.1%

Shah 14.5 %

Sun-Mishima 7.1 %

Lazarek-Black 9.1 %

has the advantage that the power is not changed in one jump, but in smaller steps, so that
the system is overshooting less. For each measurement, the power is increased by 10 W
every 10 minutes when the temperatures are in steady state and do not change by ±0.3 °C
(the ramp function increases the power by 1 W every 2 seconds, so an increase of 10 W
takes 20 seconds). In this band, the temperature can be assumed to be constant (i.e., the
standard deviation in subsequent evaluation is less than 0.05 °C). If the temperature rises
even though the power is constant, the power is not increased until either a steady state is
reached or the temperature in the evaporator rises to 20 °C. At an evaporator temperature
of 20 °C, it can be assumed that equilibrium is no longer present and the CHF has been
reached.

4.5.1. Set of Experiments: Group A

Two different set of experiments have been defined. In the first set or “Group A”, screws
or helical evaporator geometries of different engagement length were tested with the same
hydraulic diameter. This extends or shortens the helical evaporator path. Thus, the
influence of the length of the evaporator section on HTC, CHF and pressure loss in the
helical evaporator section can be determined. By changing the adapter, the engagement
length of the screw or evaporator geometry can be varied as desired. The capillary tube
can also be adjusted as desired, but for the settings in Group A it always remains in
the same position. Illustration of the principle and the variation in Group A is shown in
Figure 4.8. The screw is pulled outwards incrementally or removed completely in the last
step. An experiment without a screw corresponds to the functional principle of the spot
evaporator. A fully engaged screw refers to 100 % engagement and a evaporator with no
screw refers to 0 % engagement. These interrelationships are also shown in Table 4.5.

Figure 4.8.: Illustration of the variation of the engagement length

For the experiments performed in Group A, machined stainless steel Spax screws were
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used. The outer diameter da is 4.5 mm and the core diameter di is 3.2 mm. The flank
distance or pitch is 2.25 mm.

Table 4.5.: Screw lengths, windings and pitches

No.
Percentage engagement
length in %

Engagement
length in mm

Engagement
windings

Pitch
in mm

1. 100 33.75 15 2.25

2. 67 22.50 10 2.25

3. 40 13.50 6 2.25

4. 7 2.25 1 2.25

5 0 0 0 −

At full engagement length, the maximum engagement is 40 mm. This is reached at mea-
surement No. 1. This results in a loss of 6.25 mm through the tip for each screw, so the
effective engagement length is set to 33.75 mm for 100 % engagement length.

The “uncoiled” evaporator can be calculated according to [107] with

L =
√
P 2 + 4π2r2 · S

P
. (4.10)

The used mean radius for the calculation was measured with 3.85 mm. Where P is the
pitch, r the mean radius of the screw and S the engagement length as shown in Figure 4.9.

Figure 4.9.: Radius, pitch and engagement length of a swirl geometry

In Table 4.6 are the resulting uncoiled engagement lengths and hydraulic diameters listed.
The hydraulic diameter is calculated [21] as

dhyd =
4 ·A
U

. (4.11)

Where A is the measured area in Figure 4.10 and U the perimeter of this area. The mea-
sured areas and perimeters are arithmetically averaged, the hydraulic diameter calculated
and the deviation determined. Table 4.6 shows the relationship between the engagement
of the screw length, windings and pitches.
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Figure 4.10.: Flow cross-sectional areas and wetted perimeters for a screw with 2.25 mm
pitch

Table 4.6.: Uncoiled engagement lengths and hydraulic diameter

No.
Uncoiled engagement
length in mm

Hydraulic diameter
in mm

Deviation
in mm

1. 115.57 0.835
+ 0.020
− 0.011

2. 77.05 0.835
+ 0.020
− 0.011

3. 46.22 0.835
+ 0.020
− 0.011

4. 7.70 0.835
+ 0.020
− 0.011

4.5.2. Set of Experiments: Group B

In the second set of experiments or “Group B”, the hydraulic diameter is varied by using
screws or helical evaporator geometries with different pitches. The screws have been
manufactured from an AlSi7Mg0.6 alloy using the micro-casting process. Due to the
constant installation space, the evaporator distance is also shortened by the increasing
pitch as indicated in Figure 4.11. However this can be accepted since the influence of
the evaporator length was already determined in the set of experiments in Group A. The
variations in Group B are shown in Figure 4.11.

Figure 4.11.: Illustration of the variations in experimental Group B
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Figure 4.11 also shows the micro-casted swirl inserts with a pitch of 2 mm on the left and
7 mm on the right. The pitch of these swirl inserts are constant over the entire length of
the component.
The bore in which the swirl geometry is inserted has a depth of 40 mm and a diameter of
4.5 mm. This means that if no swirl geometry is inserted (spot evaporator), the evaporation
distance is 40 mm and the hydraulic diameter is 3.7 mm, since the outer diameter of
the capillary tube must be subtracted from the bore diameter to obtain the effective
flow diameter/hydraulic diameter. This case is shown in Table 4.7 under number 7. If
helical geometries or screws are inserted into this bore, the evaporator distance is extended
because the refrigerant, due to the helix, covers a longer distance before it exits the
bore. At the same time, however, the hydraulic diameter decreases. Helical geometries
or screws with different pitches lead to different evaporator lengths for the same (full)
engagement length and, consequently, to different hydraulic diameters. The relationship
between pitch, hydraulic diameter and evaporator length (uncoiled engagement length) is
shown in Table 4.7. A small pitch results in a smaller hydraulic diameter and a longer
evaporator length, whereas a large pitch results in a larger hydraulic diameter and a shorter
evaporator length. No. 6 of Table 4.7 refers to the swirl with the optimized geometry and
a variable pitch as presented in section 3.7.

Table 4.7.: The measured screw lengths, windings and the resulting pitches

No.
Percentage engagement
length in %

Uncoiled
Engagement
length in mm

Hydraulic diameter
in mm

Pitch
in mm

1. 100 180.720 0.835 2

2. 100 123.272 1.270 3

3. 100 79.086 1.488 5

4. 100 68.686 1.638 6

5. 100 61.572 1.807 7

6. 100 79.086 variable 1 – 9.6

7. 100 - 3.7 -

To keep the outlet point of the refrigerant constant, a capillary is used. The capillary is
made of stainless steel 1.2343 and has a brass cap on the high pressure side to connect the
test carrier with the remaining part of the refrigeration cycle. Figure 4.12 shows a picture
of the capillary tube and the frontal view of the screw through which the capillary tube is
guided. The capillary is held in place by the sealing ring and the swirl in the center of the
bore, which ensures that the refrigerant is sprayed on the center of the blind bore. The
swirl insert is placed in the capillary so that it comes out of the swirl to ensure correct
spraying of the refrigerant.
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Figure 4.12.: Frontal view of the screw (left) and photo of the capillary tube (right)

4.6. Experimental Analysis

In the following, the entire analysis and simulation is analyzed and simulated on the basis
of an area (swirl with a pitch of 6 mm) as an example. This procedure was carried out for
all measurements. The experimental unit was left running at 200 W for about one hour
after each start-up to ensure a stable state of temperatures and pressures. In the first
step, the acquired raw data is converted into an Excel sheet for further processing. Then,
from the available data, the evaporation pressure po, condensation pressure pc, mass flow
ṁ, electrical power Pel of the heating tape and temperatures of thermocouples T1–T5 are
plotted in graphs. For a better overview, the electrical power is displayed together with
the temperatures of the thermocouples T1–T5.
Figure 4.13 clearly shows the power jumps. The power starts at 190 W. In the following
analysis, a range of values is sought at which mass flow, condensation pressure, evaporation
pressure, temperatures and power are constant. In this example it would be in the range
between measuring points 3600 and 5200. This range has been illustrated with a red box.
As described in Section 4.4, the mean values (in this case temperatures) of the respective
ranges (of constant power), as well as the standard deviation and upper and lower extreme
values are determined.
The same procedure is done for mass flow, condensation and evaporation pressure. The
diagram for mass flow is shown in Figure 4.14, the one for evaporation and condensation
pressure is shown in Figure 4.15.
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Figure 4.13.: Power and corresponding temperature curve in the swirl evaporator

Figure 4.14.: Power and corresponding mass flow curve in the swirl evaporator
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Figure 4.15.: Power and corresponding curves for po and pc in the swirl evaporator
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The experimentally determined pressure drop, which is compared in the following chapter
with the simulated pressure drop, can be read directly from Figure 4.15, in which mean
values of the condensation pressure are subtracted from the mean value of the evaporation
pressure for a constant power range. The CHF can also be read from the graph. As long
as the system is in the nucleate boiling range, an increase in power is only reflected in a
small change in the measured temperature. As soon as the CHF is exceeded, however,
the temperature rises abruptly from one power increase to the next, as visualized in
Figure 4.16.

Figure 4.16.: Determining the CHF through the course of the temperature curves

4.7. Screening Experiments

A design of experiments (DoE) was performed to find the statistically significant influenc-
ing parameters and to identify interaction between influencing factors and target variables.
In order to find these, a series of experiments were carried out with different swirl inserts
presented in Section 4.5. Another reason for choosing this method is the possibility to
realize an efficient planning and evaluation of test series. To determine the total number
of trials NV,total the approach

NV,total = NNfactors
levels (4.12)

is used. The number of factors Nfactors is the number of parameters that can be set. The
number of levels Nlevels indicates how many settings can be made on a factor [74].To create
a statistical experimental design, the program Minitab is used, to design the experiments,
plot graphs and carry out the statistical analysis. Due to the already integrated DoE
function it offers a simple and fast evaluation of the experiments. The experimental plan
is shown in Table 4.8. The results of the measurements are shown in Table 4.9
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Table 4.8.: Experimental plan

Test No. dhyd in mm Engagement length in % Subcooling in K

1 0.8 40 7

2 0.8 60 7

3 0.8 90 7

4 0.97 40 7

5 0.97 20 7

6 0.97 20 7

7 0.97 40 7

8 0.97 0.0 7

9 0.95 10 7

10 0.95 90 7

11 0.95 90 0

12 0.95 80 7

13 0.95 80 7

14 0.95 70 7

15 0.95 70 7

16 0.95 60 7

17 0.95 60 7

18 0.95 60 3

19 0.95 60 0

20 0.95 50 7

21 0.95 50 7

22 0.95 40 7

23 0.95 40 0

24 0.95 40 7
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Table 4.9.: Experimental results

Test No. dhyd in mm
Engagement
length in %

Subcooling in K Heat power in W
Mass flow
in kg/h

1 0.8 0.4 7 220 1.74

2 0.8 0.6 7 255 1.77

3 0.8 0.9 7 240 2.01

4 0.97 0.4 7 270 2.21

5 0.97 0.2 7 255 2.29

6 0.97 0.2 7 255 2.12

7 0.97 0.4 7 260 2.45

8 0.97 0 7 240 2.21

9 0.95 0.1 7 210 1.93

10 0.95 0.9 7 260 2.02

11 0.95 0.9 0 220 1.95

12 0.95 0.8 7 240 1.88

13 0.95 0.8 7 250 1.08

14 0.95 0.7 7 250 2.22

15 0.95 0.7 7 270 1.38

16 0.95 0.6 7 290 2.25

17 0.95 0.6 7 320 1.55

18 0.95 0.6 3 210 1.82

19 0.95 0.6 0 210 1.85

20 0.95 0.5 7 240 1.83

21 0.95 0.5 7 250 1.97

22 0.95 0.4 7 210 1.79

23 0.95 0.4 0 190 1.59

24 0.95 0.4 7 160 1.44

6
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In Figure 4.17 the main effect diagram for the mass flow is shown. It shows the effect
intensity on the mass flow of each individual parameter, independently of each other. The
y-axis shows the mean values of the mass flow. The dashed line is a reference line and
corresponds to the total mean value of the mass flow, in this case ṁ = 1.9 kg/h On the
x-axis the levels of the respective parameters are listed. There is a main effect if the
connecting lines are not parallel to the x-axis. The greater the gradient of the connecting
lines, the greater the effect. If the slope is positive or negative, the main effect is positive
or negative for the target variable.

Figure 4.17.: Mass flow main effect diagram

In Figure 4.18, the main effects of the parameters concerning the heating power are shown.
The total mean value of the heating power in this example is Pel = 238 W.

Figure 4.18.: Main effect diagram of the heating power

In a measuring range from 0.8 mm to 0.97 mm, the effect of the hydraulic diameter increases
positively throughout. From 0.95 mm, the main effect is greater. This can be seen from the
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steeper course of the connecting line. This means that the larger the hydraulic diameter,
the higher the mass flow. Increasing the hydraulic diameter from 0.8 mm to 0.97 mm favors
an almost linear increase in heating power.
Up to a proportion of 20 % of the intervention length, almost no major effect is detectable.
This means that with 0 to 20 % engagement, the value of the mass flow remains almost
constant. If a screw is engaged up to halfway (50 %), the mass flow increases. At 50 to
80 % engagement, the main effect is negative due to the slope direction of the connecting
lines and the mass flow decreases. At 90 % engagement, the mass flow increases sharply
and decreases when the screw is fully engaged. The cooling capacity increases in an
engagement length range of 0 to 60 %. The strongest increase in cooling capacity occurs
when the screw is engaged 50 to 60 %. The heating power decreases again when the
screw is almost to completely (90 to 100 %) engaged. Subcooling up to 3 K increases the
mass flow slightly. If subcooling is applied at 7 K, the mass flow increases more strongly.
Subcooling up to 7 K leads to an increase in cooling capacity.
The Pareto diagram in Figure 4.19 lists all parameters to be set manually. It shows the
influence on the mass flow. The dashed line is a reference line. Depending on a significance
level or alpha level α = 0.05, the reference line is placed at an effect value of 2.365. (So
only in this subsection α has the meaning of significance level and not HTC.) Based on
the bar length, it seems that the hydraulic diameter has the largest effect on the mass
flow. The engagement length, on the other hand, seems to have the least influence on the
mass flow. Only the hydraulic diameter exceed the dashed reference line, which indicates
that only this parameter seems to be statistically significant.

Figure 4.19.: Pareto diagram for the mass flow rate

Here, depending on the significance level or alpha level α = 0.05, a reference line is placed
at an effect value of 2.365. Regarding the heating power (or cooling capacity, depending
on the point of view), which is shown in Figure 4.20, the influence of subcooling is the
largest. The screw engagement length influences the heating power the least. None of the
listed parameters seem to be statistically significant, as all of them are below the reference
line.
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Figure 4.20.: Pareto diagram for the heating power

4.8. Inverse Calculation Method for Determination of Heat
Transfer Coefficient

In the Inverse Thermal Analysis, a number of different HTCs are simulated in the FEM
model at corresponding evaporation pressure and the simulated temperature fields are
compared with the temperature field measured in the test carrier. The simulated temper-
ature field which corresponds most closely to the measured one, thus reflects the conditions
prevailing in the test. In this way, HTCs can be determined inversely.
Due to the complexity of the geometry and boundary conditions, a numerical method
is used for analysing the heat transfer phenomena. In the past, a variety of numerical
methods have been used to solve heat transfer problems [139]. Some of these methods
date back to the time before computers were powerful and available to everyone and have
therefore become obsolete. The two numerical methods that have the greatest use since
the advent of computers are the finite difference method (FDM) and the finite element
method (FEM). The use of FD methods has many advantages, mainly in conceptual sim-
plicity and ease of implementation [139]. FDM can be directly applied to the differential
equation by approximating differentials by suitable differential expressions. However, the
key drawback of FDM is that the domain under study is partitioned into rectilinear cells.
Thus, for many geometries, the boundary conditions must be approximated by a step-like
pattern. FEM, on the other hand, does not suffer from such a limitation. With FEM it
is possible to model the domain boundaries accurately. The geometry under investigation
is divided into a number of simple, non-intersecting elements of variable size. Interesting
regions are scaled finer whereas less interesting regions can be resolved coarser to save
computation time. Boundaries of these elements can have different shapes and geome-
tries, this allows a very high flexibility. By perpetuating fewer elements, the computation
time is reduced, but at a certain point to the detriment of accuracy of results. Therefore,
a mesh independence study is essential to estimate the numerical errors in the FEM and,
if necessary, to minimize them or to find a trade-off between computation time and nu-
merical accuracy. Due to these advantages, the FEM is used as the method of choice for
the analysis of the swirl evaporator.

Since HTCs are to be determined in the steady state, a stationary, i.e. not time-dependent,
simulation approach was chosen. From a simulation point of view, this means that no ini-
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tial conditions have to be set.
Since HTCs cannot be measured directly, an FEM model of the test carrier was created.
In the model, the temperature probes are determined at the same position as the thermo-
couples in the swirl evaporator housing itself.
With its help, an inverse thermal analysis is performed and the HTCs are determined
iteratively. Inverse problems are generally considered as problems of determining a sys-
tem, for example its structure or its parameters, in terms of its correspondence “input →
output” [16]. The first publication on inverse heat conduction problems is by Stolz [131]
in 1960. In order to trace the heat source or sink in partial differential equations (PDEs)
of parabolic type, research has been done on inverse heat source problems since the 1970s
[90]. To solve the inverse heat source problem, an ideal situation is usually assumed where
the initial condition and boundary conditions are exactly given and an additional set of
measured data is added to support the identification work [34, 35, 36, 82, 118]. However,
in practice, the above conditions may not all be known because the device is in a hostile
environment, so one cannot measure the initial temperature or measurement of boundary
data is not possible because it is in an inaccessible part of the boundary. Some researchers
also controlled the heat source function for a particular purpose that they wanted to
achieve. In this sense, the resulting control problem is an inverse heat source problem to
control the heat source to achieve the desired purpose [96, 123].

So in this case the inverse method is used to determine the unknown boundary conditions
specified by the HTC α. HTCs are boundary conditions of the 3rd type,

−λ∂T
∂n

(x) = α(T (x)− Tf), (4.13)

so called Cauchy boundary conditions [111]. It should be noted that Cauchy boundary
conditions merely a correlation between the value and the derivative of the solution and
don’t specify either one of them for themselves.
To quantify the thermal interaction between the wall temperature of the evaporator hous-
ing T and the temperature of the evaporating refrigerant Tf as shown in Figure 4.21, the
boundary is used as an control “volume” for energy balance. Since the system is in steady
state condition, no energy can be stored in this volume. From this, it can be concluded
that all the heat that that enters the surface element (control “volume”) from the inside
through conduction, has to dissipate outwards through convection.
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Figure 4.21.: Boundary conditions of the 3rd type (mod. from [111])

In the swirl evaporator body the temperature curve is known hence is measured by the
thermocouples 1 – 5. Also the evaporation temperature Tf of the fluid can be easily esti-
mated, hence it correlates with the measured evaporation pressure po. Also known is the
thermal conductivity and the heat input into the system via the heating collar. Figure 4.22
shows the FEM model, which is reduced to the thermally relevant components for com-
puter performance reasons. The model consist of the evaporator housing (copper-colored
cylinder) and the heating collar (gray ring). The values obtained and discussed in chapter
4.6 are used as input parameters for the simulation.

Figure 4.22.: Reduced FEM Model

The heat source is the electrical heater tape with a thermal conductivity of λcol = 30 W/m
with internal heat generation per unit volume in W/m3, because an electric current with
the power P flowing through the rod. Thermal conductivity of the copper housing is
according to DIN 4108 [2] λcop = 380 W/(m K). All outward facing walls are considered
as heat sinks to the environment and are assumed to have a HTC for free convection
of α = 7 W/(m2 K) and an air temperature of 22 °C (this is also a Cauchy boundary
condition). Another constant boundary condition is the part located in the rear part of
the housing in which the refrigerant is extracted from the evaporator. The assumption is
that the HTC in the extraction region is α = 6000 W/(m2 K) and the fluid temperature
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is a function of the evaporation pressure Tf = f(po), which is measured with a pressure
sensor. Figure 4.23 shows the top view of the swirl evaporator housing with the position
of different temperature probes (or thermocouples) and the inward boundary conditions
represented by the extraction region, the swirl region, the pre-swirl region and the region
for spray cooling. The swirl region, the pre-swirl region and the region for spray cooling
(i.e., all regions except the extraction region), can be combined to a lumped HTC region
represented by αavg.

Figure 4.23.: Top view of the semi-transparent swirl evaporator housing

An important factor influencing quality of the FEM calculation is the mesh. If it is too
fine, the calculation will take a long time and if it is too coarse, numerical errors will occur.
Therefore, a mesh independence study was performed. The mesh consists of 124.723 nodes
and 36.930 elements. The diagonal of the space is 0.12329 m, the average area is 6.9587e-
004 m² and the minimum edge length is 0.377 mm. The orthogonal quality is a measure
of how straight a cell is in relation to the surrounding cells. Or more precisely; how
perpendicular the 3 vectors,

• normal vector of the surface

• vector from the center of gravity of the cell to the center of gravity of the surface

• vector between the center of gravity of the cell and the center of gravity of the
neighboring cell

are to each other. The orthogonal quality of the mesh has a mean value of 0.654 and a
standard deviation of 0.34. This is considered good according to the mesh quality recom-
mendations of Ansys [11].

Skewness is another quality measure of a cell. It is formed by the ratio of the optimal cell
size to the actual cell size,

Skewness =
optimal cell size− cell size

optimal cell size
. (4.14)
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Skewness of the mesh has a mean value of 0.44151 and a standard deviation of 0.29 which
is also considered good according to the Ansys mesh quality recommendations.
Different perspectives of the mesh are shown in Figure 4.24.

Figure 4.24.: Different perspectives of the mesh

Figure 4.25 shows results of the grid or mesh dependency study. On the abscissa the grid
size is given in m. On the ordinate the resulting simulated temperatures are given. A
series of simulations were performed in which the only parameter changed was the grid
size. The relatively straight temperature lines show that the result almost does not depend
on the grid size. Even a very coarse mesh of 2 cm average mesh size gives usable results.
Finally, a mesh of 2 mm was used as it gives a good compromise between computation
time and accuracy. Looking at the grid in Figure 4.25, the results are only 2.6 % more
accurate in case the grid is 4 times finer. However, the calculation time also increases by
the Factor of 84 (the number of elements to be calculated would be about 4000x as large).
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Figure 4.25.: Mesh dependency study

With the help of Richardson extrapolation it is possible to calculate how much more
accurate a simulation becomes, i.e. by how much percent the numerical error is reduced if
the mesh is further refined. This is interesting because it gives a measure of how much the
simulation result depends on the grid size and how much better the numerical computation
would be if there were no constraints on computation time and power. The Richardson
extrapolation as shown in Equation 4.15 can be applied, given two different discretizations
with step sizes hu and hg, the numerical solution of a problem involves approximations
Uu and Ug for a problem, and these approximations have been computed with a pth-order
method [121]. To extrapolate what numerical imprecision could be eliminated if the mesh
were resolved twice as finely, one would use p = 2. Using Richardson’s extrapolation,

UR =
Uu − Ug

(
hu
hg

)p
1−

(
hu
hg

)p = Ug +
Uu − Ug

1−
(
hu
hg

)p (4.15)

as shown in Figure 4.26, it can be seen that an infinitely fine mesh would only lead to an
improvement of 3.2 %.

Since Cauchy boundary conditions contain neither the value nor the derivative of the
value, but only the relationship between the two, Cauchy boundary conditions cannot be
rearranged to obtain the value. Therefore, as usual in an inverse approach, the ratios
of input to output are determined. To determine a HTC for one measurement and one
thermal load (or electrical power), a set of different HTCs αavg are simulated as input
parameters while keeping all other boundary conditions constant. The determined output
parameters would be the resulting temperature field shown in Figure 4.27 or the simulated
temperatures T1; sim–T5; sim at the green marked locations in Figure 4.23.

Input: αavg =⇒ Output: T1; sim–T5; sim.

In the example shown in Table 4.10, αavg is increased in steps of 2000 W/(m²K) from
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Figure 4.26.: Richardson extrapolation

Figure 4.27.: Cross-section of the reduced FEM Ansys model with isotherms

2000 W/(m²K) to 40000 W/(m²K). This results in the corresponding temperatures T1; sim–
T5; sim.

In order to determine the HTC αavg in the system, the simulated temperatures are now
compared with the measured temperatures T1; mea–T5; mea from the experiment. In this
example the measured temperatures are:

T1; mea=−14.43 °C T2; mea=−11.75 °C T3; mea=−15.62 °C
T4; mea=−13.07 °C T5; mea=−8.83 °C

The next step is to determine the deviation between simulated and measured results.
This deviation is also referred to as error e and is the deviation between the previous
total and the measured value. This is squared and then the root is taken to balance the
influence of positive and negative results,

e =

√
(Measurement− Prediction)2. (4.16)
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Table 4.10.: Simulated temperatures for a set of different αavg and P = 220 W

Input Output

αavg

in W/(m²K)
T1; sim

in °C
T2; sim

in °C
T3; sim

in °C
T4; sim

in °C
T5; sim

in °C
2000 23.26 27.95 21.51 26.34 31.83

4000 12.89 16.81 11.59 15.37 20.63

8000 1.65 4.72 0.84 3.48 8.45

12000 −4.32 −1.72 −4.88 −2.85 1.94

16000 −8.02 −5.73 −8.42 −6.78 −2.11

20000 −10.54 −8.46 −10.83 −9.45 −4.89

24000 −12.36 −10.45 −12.58 −11.39 −6.91

28000 −13.74 −11.96 −13.90 −12.86 −8.46

32000 −14.82 −13.14 −14.93 −14.02 −9.67

36000 −15.69 −14.10 −15.76 −14.94 −10.66

40000 −16.40 −14.88 −16.45 −15.71 −11.47

The total error etotal is then determined by adding up the individual errors ei,

etotal :=
n=5∑
i=1

√
(Ti; mea − Ti; sim)2 =

√
(Tmea; 1 − Tsim; 1)2+...+

√
(Tmea; 5 − Tsim; 5)2. (4.17)

Table 4.11 shows the temperatures determined for a range of different HTCs. It can be
seen, that the error sum for a certain HTC assumes a minimum value. This value is
marked red in this table. This value represents the HTC prevailing in the system.

Table 4.11.: Residuals of the temperatures for a set of different αavg and P = 220 W

Input Output

αavg

in W/(m²K)
e1

in K
e2

in K
e3

in K
e4

in K
e5

in K
etotal

in K

2000 37.69 39.70 37.13 39.41 40.66 194.59

4000 27.32 28.56 27.21 28.44 29.45 140.98

8000 16.08 16.47 16.45 16.55 17.28 82.83

12000 10.11 10.03 10.74 10.22 10.77 51.87

16000 6.41 6.02 7.19 6.30 6.71 32.63

20000 3.89 3.29 4.78 3.62 3.94 19.52

24000 2.07 1.30 3.04 1.68 1.91 10.00

28000 0.69 0.21 1.72 0.21 0.37 3.20

32000 0.39 1.39 0.68 0.94 0.84 4.26

36000 1.26 2.35 0.15 1.87 1.83 7.46

40000 1.97 3.14 0.83 2.64 2.64 11.22

It can be seen that the error for a certain HTC reaches a minimum. To illustrate this
graphically, a finer resolution simulation was performed for the same measurement as
shown in Figure 4.28. Instead of steps of 2000 W/(m2 K), α was increased in steps of
500 from 2000 to 85000 W/(m2 K). This makes the curve look smoother, the error is
minimized even further and α can be determined more accurately.
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Figure 4.28.: Errors show a minimum at the specific heat transfer coefficient
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5. Results and Discussion

In this Chapter, the experimentally determined results of Chapter 4 are compared with
the simulated results of Chapter 3. In this way, the individual models for heat transfer,
pressure loss and CHF can be verified. Since the CHF model is based on an experimental
data look-up table, the model can be assumed to have a certain reliability even beyond
limits of the parameters investigated in this thesis, which is why it was used here to gain
insights that could not be investigated due to physical limitations of the experimental
setup. At the end of the Chapter, the concept of an optimized swirl geometry is critically
reviewed and discussed.

5.1. Verification of the HTC Model

In this section, the experimentally determined HTCs are compared with the HTCs from
the correlations presented in Chapter 3. Table B.1 in the Appendix shows the tests
performed to verify the HTC correlations.
Figures 5.1–5.5 show measurements and simulated values of the respective correlations.
The measured HTCs are shown as orange dots and the simulated values as a black line.
The gray band in this case represents the 30 % error band. The mean absolute error
(MAE),

MAE =
1

N

N∑ abs(Pred−Meas)

Meas
· 100% (5.1)

mean error (ME)

ME =
1

N

N∑ Pred−Meas

Meas
· 100% (5.2)

and deviation (Dev.),

Dev. =

√
1

N

N∑(
Pred−Meas

Meas

)2

· 100 %, (5.3)

as defined in Equation 5.1–5.3, are used to measure the fitness of the HTC correlations.

Shah

The 1982 Shah correlation has an MAE of 34.19 and a Dev of 36.51. The ME is −25.31
which means that the correlation predicts on average a too small HTC. 66.97 % of the
predicted values are outside the 30 % error band. It is noticeable that starting from a
pitch of ≥ 5 the correlation only under-predicts the experimentally measured value. The
rather sudden change is due to the nature of Equation 3.48 described in Chapter 3. Due to
its comparatively large deviations, the Shah correlation, which is displayed in Figure 5.1,
is considered rather unsuitable for a determination of the heat transfer in the swirl.
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Figure 5.1.: Predicted and measured HTC using the Shah correlation

Kew-Cornwall

The correlation developed by Kew and Cornwell has a MAE of 26.87 and a ME of 25.48.
It’s deviation is 30.16 and 7.34 % of the predicted values are outside of the 30 % error bar.
The predicted and measured HTCs are shown in Figure 5.2.

Figure 5.2.: Predicted and measured HTC using the Kew-Cornwall correlation

Gungor-Winterton

As it can be seen in Figure 5.3, the Gungor-Winterton correlation over-predicts the sim-
ulated values with an ME of 60.96. Since all simulated values are above the measured
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values, the MAE is equal to the ME. The deviation is 68.41. 66.97 % of the values are
outside of the 30 % error band.

Figure 5.3.: Predicted and measured HTCs using the Gungor-Winterton correlation

Lazarek-Black

With a MAE of 23.44, a ME of 21.54 and a Dev. of 26.61 the Lazarek-Black correlation,
which is displayed in Figure 5.4, seems to be one of the more appropriate correlations for
predicting the heat transfer in the swirl. Only 0.92 % of the predicted values are outside
the 30 % error bar.

Figure 5.4.: Predicted and measured HTCs using the Lazarek-Black correlation
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Sun-Mishima

The best fit between the measured and simulated values is obtained with the Sun model.
The MAE is 12.62, the ME is 5.56 and the Dev is 15.32. 5.50 % of the simulated values
are outside the 30 % error bar. The predicted and measured HTCs using the Sun-Mishima
correlation are shown in Figure 5.5. To a similar conclusion came Li and Hrnjak [87] when
they where evaluating HTCs for micro-channel heat exchangers and of course Sun and
Mishima themselves when they evaluated prediction methods for HTCs in mini-channels
[132].

Figure 5.5.: Predicted and measured HTCs using the Sun-Mishima correlation

For a better overview the MAE, ME, Dev. and values outside the 30 % error band of all
investigated HTC-correlations are shown in Table 5.1.

Table 5.1.: Summary of HTC-correlation results

Correlation MAE ME Dev. Outside 30 %-band

Shah 34.19 −25.31 36.51 66.97 %

Kew-Cornwall 26.87 25.48 30.16 7.34 %

Gungor-Winterton 60.96 60.96 68.41 66.97 %

Lazarek-Black 23.44 21.54 26.61 0.92 %

Sun-Mishima 12.62 5.56 15.32 5.50 %
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5.2. Experimental Validation of Pressure Drop/Mass Flow
Model

To validate the simulation model presented in Chapter 3, the group A experiments pre-
sented in Chapter 4 were conducted. Tests were carried out with different screw engage-
ment lengths as shown in Figure 5.6. A screw engagement length of 40 mm means that
the screw is in full engagement (Figure 5.6 a). A screw engagement length of 0, which is
shown in Figure 5.6 c, means that there is no screw in the evaporator.

Figure 5.6.: Various penetration depths of the screw [47]

This corresponds to a spot evaporator. Since the mass flow and the pressure drop are
connected via Bernoulli’s principle and the continuity equation (as described in Chapter 2),
the model can calculate either the pressure drop with a given mass flow or the mass flow
with a given pressure drop. Bernoulli’s equation is shown here as a pressure equation by
multiplication with % [21],

c2
1 · %1

2
+ %1 · g · z1 + p1 =

c2
2 · %2

2
+ %2 · g · z2 + p2 (5.4)

and the continuity equation,

ṁ = % · c ·A = const.. (5.5)

To verify simulation results of the pressure loss model described in Chapter 3, a series
of measurements were performed on the test stand described in Chapter 4. The tests
were performed with different screw engagement lengths under steady-state conditions in
a controlled and air-conditioned environment. Each test was repeated at least 3 times.
The point corresponds to the arithmetic mean of the series of measurements of one screw
engagement length and the error bar corresponds to one standard deviation. Since the
screw engagement lengths in the experiment are subject to a certain measurement un-
certainty, which does not occur in the simulation, error bars are entered on the abscissa
only for the experimental results. Overall, results obtained in the test show satisfactory
agreement with the calculated values. For penetration depths below 25 mm, the simula-
tion underestimates the actual pressure drop, and for a penetration depth of 40 mm, the
simulation overestimates the measured pressure drop, as can be seen in Figure 5.7.
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Figure 5.7.: Measured and predicted pressure loss for various screw engagement lengths

For the mass flow, it is consequently the other way round. For penetration depths smaller
than 25 mm, the simulation seems to overestimate the mass flow, and for a penetration
depth of 40 mm, the simulation underestimates the measured values. This relationship is
shown in Figure 5.8. This reversal could be caused by a change in flow pattern caused by
the longer swirl length.

Figure 5.8.: Measured and predicted mass flow for various screw engagement lengths
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5.3. Verification of the CHF Model

Table 5.2 lists the tests for which the simulation was compared with the measured values.
As can be seen in Figure 5.9, the measured values correlate reasonably well with an MAE
of 8.51, a ME of −4.71 and a Dev of 8.77. 96.8 % of the simulated values are located
within an error band of 15 %.

Table 5.2.: Test runs for CHF

Test run dhyd ṁ po Q̇crit; mea CHFsim CHFmea

No. in mm in kg/h in bar in W in kW/m2 in kW/m2

1 0.84 3.12 3.37 260 335.16 368.01

2 0.84 2.99 3.25 254 327.16 360.76

3 0.84 3.12 3.37 260 335.17 368.01

4 0.84 2.98 3.18 265 327.10 375.09

5 1.00 3.20 2.00 265 372.10 375.09

6 1.00 3.25 2.00 272 375.43 384.99

7 1.00 2.85 1.90 270 348.13 382.17

8 1.00 2.67 1.80 263 341.74 372.26

9 1.00 2.97 1.80 265 357.74 375.09

10 1.27 3.05 3.26 249 387.18 352.44

11 1.27 3.22 3.17 259 405.71 367.65

12 1.27 3.13 3.35 240 395.09 339.70

13 1.27 3.05 3.28 237 387.20 336.69

14 1.27 3.22 3.17 259 405.71 367.65

15 1.49 3.01 3.22 241 387.06 341.47

16 1.59 3.00 2.00 263 402.39 372.25

17 1.59 2.99 2.00 253 402.39 358.11

18 1.64 3.04 3.21 260 394.36 368.01

19 1.64 2.96 3.17 260 385.35 368.01

20 1.64 3.12 3.33 260 401.87 368.01

21 1.69 3.00 1.95 265 403.99 375.08

22 1.69 3.02 1.95 257 403.99 363.76

23 1.69 2.98 1.95 250 403.99 353.85

24 1.78 3.02 1.95 280 404.57 396.32

25 1.78 3.00 1.95 263 404.57 372.25

26 1.81 2.99 3.20 250 391.04 353.85

27 1.81 3.03 3.23 250 395.35 354.03

28 1.81 2.98 3.19 250 389.98 353.85

29 1.81 3.11 3.33 260 403.24 368.01

30 4.50 3.20 1.90 263 393.11 372.25

31 4.50 2.92 1.90 250 359.76 353.85

32 4.50 2.88 1.87 245 354.91 346.78
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Figure 5.9.: Comparison of the measured and simulated CHF

5.4. Interpretation of the CHF Model

Since the CHF model developed in this work is based on an experimental data lookup
table, it can be assumed that the model has some reliability beyond the limits of the
parameters studied in this work. Therefore, the model was used here to gain insights that
could not be investigated due to the physical limitations of the experimental setup. In this
way, new insights into the system behavior are to be gained. To conclude, the simulated
results are compared to experimental investigations on CHF during flow boiling of other
researchers. All 3 Figures 5.10–5.12 show that the CHF increases with mass flow (and also
mass flux), a phenomenon which is also well known in the literature [95, 115, 116, 5, 6].
Figure 5.10 shows the influence of dhyd on CHF for various mass flows. At higher mass
flows there seems to be a clear optimum of the hydraulic diameter whereas at lower mass
flows the curve is rather flat. At the mass flow curve of 6 kg/h a clear optimum is visible
for a dhyd of 2.6 mm. This also means that at higher mass flows, the correct design of the
proper hydraulic diameter becomes more and more important.
Among the various geometrical parameters, the hydraulic diameter and the length/di-
ameter ratio have a great influence on CHF. In subcooled boiling, CHF increases as the
channel diameter decreases. This tendency has been consistently observed by a number
of researchers [137, 17]. On the other hand, for xeq > 0, CHF also decreases with the
decrease in diameter. Bergles [17] postulated that as the channel diameter decreases, the
exit diameter of the vapor bubbles also decreases. In addition, the condensation at the
tip of the bubble increases and the bubble velocity relative to the liquid decreases. A
combination of these effects results in the curve visible in Figure 5.10.

The influence of inlet vapor quality xin on CHF, as displayed in Figure 5.11, is of a more
trivial nature. The higher xin, the less the difference up to the critical vapor content xcrit.
As soon as the liquid film thickness reaches a minimum, CHF occurs [61, 84].

Figure 5.12 shows the influence of the evaporation pressure on CHF. It can be seen that
with increasing evaporation pressure, the CHF achievable in the swirl evaporator decreases.
The course of the curves is the result of two opposite effects. By increasing the pressure,
the CHF is increased [54]. However, increasing the pressure also decreases the enthalpy of
evaporation. Since the enthalpy of evaporation decreases in a larger ratio than the CHF
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Figure 5.10.: Influence of dhyd on CHF

Figure 5.11.: Influence of inlet vapor content on CHF

increases, the critical vapor content is achieved by lower power absorption. Mauro et al.
were able to observe a similar effect [95].
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Figure 5.12.: Influence of the evaporation pressure on CHF

5.5. Experimental Investigation of the Optimal Pitch

If the HTC is plotted against the pitch of the individual swirls, it is noticeable that there is
a pitch at which the HTC assumes a maximum value. The respective mass flow is plotted
on the second ordinate. For 220 W to 250 W, a pitch of 5 mm appears to have the highest
HTC. These are shown in Figure 5.13 to 5.16. Above a heat load of 260 W the optimum
value shifts to a pitch of 3 mm.
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Figure 5.13.: Heat transfer coefficient and mass flow as a function of the pitch at 220 W

Figure 5.14.: Heat transfer coefficient and mass flow as a function of the pitch at 230 W
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Figure 5.15.: Heat transfer coefficient and mass flow as a function of the pitch at 240 W

Figure 5.16.: Heat transfer coefficient and mass flow as a function of the pitch at 250 W
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Figure 5.17.: Heat transfer coefficient and mass flow as a function of the pitch at 260 W

Mass flow appears to decrease slightly with increasing power. In addition, the mass flow
seems to decrease with increasing pitch. The pressure drop shown in Figure 5.18 to
Figure 5.22 behaves inversely to the mass flow. As the gradient increases, the pressure
drop also increases. In addition, the pressure drop increases with increasing gradient.
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Figure 5.18.: Pressure difference and mass flow as a function of the pitch at 220 W

Figure 5.19.: Pressure difference and mass flow as a function of the pitch at 230 W
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Figure 5.20.: Pressure difference and mass flow as a function of the pitch at 240 W

Figure 5.21.: Pressure difference and mass flow as a function of the pitch at 250 W
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Figure 5.22.: Pressure difference and mass flow as a function of the pitch at 260 W

The results of this analysis show how important it is to choose the right swirl insert for
the corresponding performance. For powers below 92.5 % of CHF, a pitch of 5 mm seems
to be the optimal value. Above that, a pitch of 3 mm is optimal. Therefore, to operate a
swirl evaporator with maximum efficiency, it should be operated at a power above 92.5 %
of CHF. Then fully developed nucleate boiling prevails which is reflected in a high HTC
of 40000 W/(m K).

5.6. Concept of the Optimized Swirl

At this point, it is critically to examined whether the concept of the “optimized swirl”
described in Chapter 3, i.e. the swirl with a variable pitch, achieves the expected reduction
in pressure drop without a reduction in the HTC or CHF. For this purpose, the swirl
with the variable pitch is compared with a swirl insert that has the same number of
threads in engagement and, on average, the same hydraulic diameter as shown in shown
in Figure 5.23. First of all, it is noticeable that the characteristic increase in pressure

Figure 5.23.: Comparison of the different swirls

drop at higher heat loads is much lower with a variable pitch compared to a swirl insert
with constant pitch. Consequently, the drop in mass flow is also lower with a variable
pitch. Secondly, it is noticeable that the variable pitch generally causes a lower pressure
loss. As can be seen from the graphs in Figure 5.24 and Figure 5.25, the heat transfer
coefficient remains the same value at 28000 W/m²K) with constant and variable pitch.
The CHF, which is not shown in graphs here, was also constant with both swirl inserts.
The maximum transmissible power was 260±10 W in case of constant pitch swirl and
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Figure 5.24.: Comparison of the mass flow variable and 6 mm pitch

260+10 W in case of variable pitch swirl. It can therefore be said that an optimization
has been successfully achieved by varying the pitch.
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Figure 5.25.: Comparison of the pressure difference variable and 6 mm pitch
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6. Transfer to Application Case

In order to prove the industrial applicability of the swirl evaporator, it was installed in the
tool holder of a turning machine. In turning processes, the temperature results as a pro-
cess variable from infeed, speed and feed. By cooling the cutting edge internally, cutting
temperature can now be set as a controlled variable. This can reduce wear, which saves
costs and benefits the environment. In addition, the cutting speed can be increased, which
in turn increases productivity. (This novel technology was investigated within the frame-
work of a cooperative research project together with the company MAS GmbH. Funding
was provided under the project name Cool-Tool with the grant number ZF4102824TV8
from the Ministry for Economic Affairs and Climate Action of the Federal Republic of
Germany.) The CAD drawing of the final product is shown in Figure 6.1.

Figure 6.1.: Tool holder with evaporator [80]

6.1. Estimation of the Heat Load

In order to design the cooling process correctly, it is of fundamental importance to know
the heat load. So not only how much heat is produced during the cutting process but
also how the heat flows are distributed in between the tool, chip, work-piece, cutting fluid
and environment. For this reason, heat generation and transportation during the cutting
process will be briefly discussed here. Due to a different heat sink temperature, heat flows
between chip, cutting edge and work piece will be distributed differently for a cutting
process with or without internal cooling, but because of the novelty of this project no
reference tests or literature is available. For this reason an FEM-based inverse thermal
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analysis was performed. To simulate the thermal behavior, an equation-based model was
developed in the EES software as well as an FEM model in the software Ansys. Almost all
of the mechanical power supplied to the spindle drive is converted into heat in the cutting
zone [102]. Figure 6.2 shows all relevant heat and enthalpy flows.

Figure 6.2.: Heat flows during the machining process (acc. to [102])

According to Müller [102], the transformation takes place mainly in the primary shear
zone. From here, the heat flows into the chip, the work piece, the tool cutting edge and
to the environment or the cooling lubricant. The exact distribution of the heat flows
is decisive for the temperature of the cutting edge and thus for the thermal wear. The
qualitative relationships and influencing factors are described in Table 6.1.

Table 6.1.: Influencing factors on the cutting temperature

Thermal

conductivity

workpiece

Density

workpiece

Thermal

capacity

workpiece

Thermal

conductivity

cutting

material

Density

cutting

material

Thermal

capacity

cutting

material

Influence

on the

cutting

temperature

↗ ↘ ↘ ↗ ↗ ↗

The thermal properties of solids can usually be described in terms of density, specific
heat capacity and thermal conductivity. The heat flow in a given direction is directly
proportional to the thermal conductivity of the body and the temperature gradient that
occurs. In a transient heat transfer process, temperature gradient is equalized over time
by the heat flow. The lower the density and the specific heat capacity of the body, the
faster the temperature equalization takes place. The density and the specific heat capacity
are directly proportional to the heat capacity of a body. According to Altmüller [9], the
relationship between the heat flows flowing into the cutting edge or chip can be expressed
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as

Q̇cut

Q̇chip

=
1√

λw·%w·cpw
λs·%s·cps

. (6.1)

With constant thermal properties, the temperature difference between the hot and cold
side is responsible for the magnitude of the heat flow that occurs. A model developed
by Astakhov [13] is used to calculate the quantity of heat generated during machining.
Similarity ratios are used for model development. The heat flow flowing into the cutting
edge can be calculated with

Q̇t =
0.54 · τfa · a1 · b1 · ν · F 0,86 ·D0.26 ·M0.47 · E0.27 · erf0.35 ·

√
Pe·Ba

4

Pe0.615 · (1− sin(γ))0.5 · sin(α)0.15 ·Ba0.72
. (6.2)

Table 6.2 shows the influencing variables on the quantity of heat and distribution of the
heat flow flowing into the cutting edge of the tool.
variables influencing the heat flow in tabular form.

Table 6.2.: Variables influencing the heat flow

Formula symbol Influencing variable

α Rake angle

β Edge angle

cpw Specific heat capacity of the work piece

dw Shaft diameter work piece

εtn Cutting insert angle

fz pitch

γ Clearance angle

λt Thermal conductivity tool

λw Thermal conductivity material

κr Setting angle

rn Cutting edge radius

%w Density material

σ Tensile strength material

t Plunging depth

v Cutting speed

Zhao et al. [146] investigated the influence of surface roughness on thermal contact re-
sistance. This is based on the consideration that the heat flow is transferred almost
exclusively at the “peaks”, since only there, as shown in Figure 6.3, a contact between
tool and work piece takes place. The researchers concluded that the roughness has a
negligible influence on the thermal contact resistance [146].
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Figure 6.3.: Thermal contact resistance [146]

Table 6.3 shows the factors influencing the quantity of heat and distribution of the heat
flow.

Table 6.3.: Factors influencing the heat flow

Influencing factor Value Gradient Gradient value

Rake angle α 10 ∂Q̇/∂α −56.63

Wedge angle β 70 ∂Q̇/∂β 47.90

Specific heat capacity work piece cpw 671 J/(kg K) ∂Q̇/∂cw −4.69

Shaft diameter dw 20 mm ∂Q̇/∂dw 56091.00

Cutting insert angle εtn 80 ∂Q̇/∂εtn 41.91

pitch fz 0.01 mm ∂Q̇/∂fz 1.45 · 108

Clearance angle γ 10 ∂Q̇/∂γ 30.99

Thermal conductivity tool λt 50 W/(m K) ∂Q̇/∂λt 22.81

Thermal conductivity work piece λw 20 W/(m ·K) ∂Q̇/∂λw −33.73

Setting angle κr 90 ∂Q̇/∂κr 1.34 · 10−6

Cutting edge radius rn 200µm ∂Q̇/∂rn 1.029 · 107

Density work piece %w 8000 kg/m3 ∂Q̇/∂%w −0.29

Tensile Strength work piece σ 800 N/mm2 ∂Q̇/∂σ 4.762 · 10−6

Plunging depth t1 1 mm ∂Q̇/∂t1 2.8 · 106

Cutting speed v 1.67 m/s ∂Q̇/∂v 881.10

Figure 6.4 shows the gradients of the investigated influencing factors at the selected oper-
ating point logarithmically. The blue bars indicate negative effects. This means that the
heat flow into the cutting edge decreases due to larger rake angle, higher heat capacity,
thermal conductivity and density of the material. The strongest influence on the heat
flow has feed, corner radius, diameter of the work piece, depth of cut and cutting speed.
With the selected method of gradient determination, it must be noted that linearization
takes place at the corresponding operating point. In principle, this means that only the
effects of small changes can be recorded correctly. For this reason, individual influencing
factors are examined more closely in order to show the dependence of the heat flow on
these variables in a wider definition range. Here, cutting speed, feed rate and infeed depth
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are used, which are determined by the machine operator and not by the tool geometry.

Figure 6.4.: Influencing factors on heat generation

The heat flow flowing into the cutting edge is shown for different feeds in Figure 6.5. This
knowledge is crucial, as it is the basis for designing the swirl evaporator for the specific
heat load. The course of the heat flow as a function of the cutting speed corresponds
to a root function. The heat flow generated during cutting increases proportionally to
the cutting speed. This means that the proportion of heat flow in the tool continues to
decrease as the cutting speed increases. To verify Astakov’s model, an inverse analysis
was performed.

Figure 6.5.: Heat flow for different cutting speeds and depths

For this purpose, an FEM model of the complete tool-holder including the cutting edge
was created, as showed in Figure 6.6. To determine the heat transfer surface, a CBN
(cubic boron nitride) cutting edge was coated with metal and used in a test [43]. The
abraded area was assumed to be the heat transfer surface.
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Figure 6.6.: Model of the tool holder

Figure 6.7 shows a photograph of the cutting edge with the area of the heat-transferring
surface marked in red.

Figure 6.7.: Photography of the cutting edge [43]

Now that the size of the heat-transferring surface is known, the heat input into the cutting
edge can be simulated. The FEM mesh of the cutting edge is shown in Figure 6.8 (l). The
picture also shows the 3 thermocouple holes in which the temperatures are recorded. The
simulated temperature field is shown in Figure 6.8 (r).
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Figure 6.8.: FEM mesh of the cutting edge (l) and temperature field (r)

In order to check the simulated heat input and the resulting temperature fields, a soldering
iron was modified so that its output can be precisely controlled. The soldering iron was
insulated so that its power dissipation is minimal and brought into good thermal contact
with the board using solder. The corresponding experimental setup is shown on the left
side of Figure 6.9. With this knowledge, field test can now be started.

6.2. Test and Results

A swirl evaporator was installed in a tool holder. The corresponding test setup is shown in
Figure 6.9 (r). Here the type J thermocouples are visible, which are placed at a distance
of 1, 2 and 4 mm from the cutting edge.

Figure 6.9.: Experimental setup for inverse analysis (l) and field experiment [81] (r)

Figure 6.10 shows the test results with a cooled cutting edge and Figure 6.11 with an
uncooled cutting edge. The tests were generated at the project partner and evaluated
by the author. Tests were carried out with a cutting speed of 1.67 m/s, a feed rate of
0.1 mm/rev and an infeed of 0.1 mm. In each case, 5 cuts were made with the same work
piece. After each 3 measurements, the plate was rinsed. Figure 6.11 and Figure 6.10 show
the 5 cuts made with the same work piece and the 3 successive work pieces. Figure 6.11
shows that the temperature in the first work piece rises continuously and from the 2nd
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work piece and 3rd cut onwards it is in a steady state. Temperatures corresponding to
the quasi-steady state were used to determine the thermal power flowing into the mold.

Figure 6.10.: Temperature curve with cooled cutting edge [81]

The evaporation temperature of the experiments with cooled cutting edge was −40 °C.
As can be seen from the comparison of the two figures, the average temperature of the
uncooled cutting edge is about 50 K above the cooled cutting edge. The inverse analysis
shows that the heat flow into the tool increases by > 14 % when the tool is cooled.

Figure 6.11.: Temperature curve with uncooled cutting edge [81]
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The results of the test evaluation presented in Figure 6.12 show that the wear mark width
could be reduced by 50 % by using a swil evaporator. The results for CBN69 are shown
on the left and those for CBN492 on the right. A reduction of 50 % means that either
the tool life or the cutting speed can be doubled. These results were demonstrated at the
project partner MAS [81].

Figure 6.12.: CBN tools cooled vs. not cooled [81]
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7. Conclusion and Future Work

The presented work founds a basis for calculating and designing swirl evaporators for a
wide range of industrial applications. The formulas and procedures provided allow this in
a time and cost efficient manner.

7.1. Conclusiones

En esta tesis se ha investigado el proceso de evaporación del R-32 en evaporadores he-
licoidales cortos con valores de paso bajos, altos y variables, radio de curva estrecho y
diámetros hidráulicos pequeños a bajas presiones y con elevado flujo secundario. Los re-
sultados indican que la cáıda de presión en una sección de evaporación helicoidal es menor
que en un evaporador recto de la misma longitud y diámetro. Otros resultados muestran
que el contenido de vapor xcrit cuando se alcanza el flujo de calor cŕıtico es mayor para
un diseño de evaporador helicoidal que para un de evaporador recto, lo que indica que se
evapora más refrigerante antes de que se alcance el flujo de calor cŕıtico. Esto indica una
mayor eficiencia general del proceso ya que una canteiad menor de refrigerante sale del
sistema sin evaporar.

Al insertar una geometŕıa helicoidal, la trayectoria en el evaporador se extiende y el
refrigerante ĺıquido se presiona contra la pared debido a la aceleración centŕıfuga. Por
estas razones, se puede evaporar más refrigerante antes de que se alcance el flujo de calor
cŕıtico. Por lo tanto, el evaporador funciona de manera más eficiente y se puede ahorrar
enerǵıa primaria. Se ha demostrado que las trayectorias helicoidales cortas con bajo radio
de curvatura se pueden calcular como trayectorias rectas. Sin embargo, este efecto parece
cambiar a favor de una menor cáıda de presión a medida que aumenta la longitud de la
sección del evaporador helicoidal.

Por lo tanto, la tesis de Hardik [59, 58] podŕıa confirmarse con el conocimiento adi-
cional de que sus leyes también son válidas si el flujo helicoidal está precedido por un
enfriamiento por aspersión y el refrigerante ingresa a la sección del evaporador con flujo
bifásico. Asimismo, la tesis de Groeneveld et al. [54] es compatible, ya que el conjunto de
datos y el método de conversión que generaron se pueden usar más allá de su campo de
aplicación original. Al menos para la determinación del CHF en el evaporador helicoidal,
los resultados son bastante satisfactorios.

Para obtener estos resultados, se desarrollaron y verificaron experimentalmente mode-
los f́ısicos y de correlación para calcular la cáıda de presión y la transferencia de calor.
Con la ayuda de este trabajo es posible diseñar evaporadores helicoidales para diferentes
aplicaciones, espacios y cargas de enfriamiento. Además, el modelo permite predecir el
CHF con una precisión de < 9 %, lo que posibilita una operación segura del proceso cer-
cana al punto óptimo de operación. Con la ayuda del modelo basado en correlación, fue
posible diseñar una geometŕıa con paso variable y aśı optimizar el sistema en términos de
cáıda de presión. Se creó un modelo de voúmenes finitos para la determinación inversa
del coeficiente de transferencia de calor en el evaporador. Este modelo es adecuado para

107



CHAPTER 7. CONCLUSION AND FUTURE WORK

determinar los coeficientes de transferencia de calor local y promedio.

Desde el punto de vista técnicó, la transferencia de calor por debajo del calor cŕıtico
y el propio flujo de calor cŕıtico son más importantes que la transferencia de calor en
la ebullición en peĺıcula. Por lo tanto, la atención se centró en la ebullición nucleada y
no se desarrollaron modelos para describir la transferencia de calor en la ebullición en
peĺıcula. El modelo de volúmenes finitos para el cálculo de coeficientes de transferencia
de calor promediados funciona con alta precisión en el rango de ebullición nucleada y por
debajo del flujo cŕıtico, pero pierde precisión en el rango de ebullición de transición y no
es válido en el rango de ebullición en peĺıcula. Esta validez se puede recuperar dividiendo
las regiones en diferentes reǵımenes y coeficientes de transferencia locales, lo que funciona
razonablemente bien y se analizará en el futuro.

Al implementar un evaporador helicoidal en un proceso de mecanización, el desgaste de
la herramienta podŕıa reducirse significativamente, lo que tiene una influencia positiva en
la productividad del proceso. Sin embargo, los evaporadores rotatorios no solo son ade-
cuados para el enfriamiento interno de una herramienta de torneado, sino también donde
sea necesario refrigerar un alto flujo de calor en un espacio ciĺındrico limitado, como la
refrigeración de puntos calientes en el moldeo por inyección, sonotrodos o de estatores en
motores eléctricos.

Como resumen, se puede señalar que en este trabajo se desarrolló un método y el mod-
elo asociado para hacer que una tecnoloǵıa de refrigeración se pueda utilizar para varios
campos de aplicación de una manera segura para el proceso. El modelo se verificó experi-
mentalmente y es adecuado para determinar todas las variables relevantes para el diseño,
realizar optimizaciones espećıficas de la aplicación y garantizar un funcionamiento seguro
del proceso.

7.2. Conclusion

The thesis is focused on investigating the evaporation process of R-32 in short helical
evaporators with low, high and variable pitches, a narrow curve radius and small hy-
draulic diameters at low pressures and a strong secondary flow. The results indicate that
pressure drop in a helical evaporation section is lower than in a straight evaporator of the
same length and diameter. Further results show that the vapor content xcrit prevailing
when the critical heat flux is reached is higher for a helical evaporator structure than
for a straight evaporator structure, indicating that more refrigerant evaporates before the
critical heat flux is reached. This indicates an overall higher efficiency of the process as
less refrigerant leaves the system unevaporated.

By inserting a helical geometry the evaporator path is extended and liquid refrigerant
is pressed against the wall due to centrifugal acceleration. For these reasons, more re-
frigerant can evaporate before CHF is reached. The evaporator therefore works more
efficiently and primary energy can be saved. It has been shown that short helical paths
with a tight radius of curvature can be calculated as straight paths. However, this effect
seems to shift in favor of a lower pressure drop with increasing length of the helical evap-
orator section. Thus, the thesis of Hardik [59, 58] could be confirmed with the additional
knowledge that his laws are also valid if the helical flow is preceded by a spray cooling and
the refrigerant already enters the evaporator section two-phased. Likewise, the thesis of
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Groeneveld et al. [54] is supported, as the data set and conversion method they generated
can be used beyond its original field of application. At least for the determination of CHF
in the swirl evaporator, the results are quite satisfactory.

To obtain these results, physical and correlation based models were developed and ex-
perimentally verified to calculate pressure drop and heat transfer. With the help of this
work it is possible to design swirl evaporators for different applications, spaces and cooling
loads. In addition, the model allows to predict the CHF with an accuracy of < 9 %, which
enables a process safe operation close to the optimal operating point. With the help of the
correlation-based model, it was possible to design a swirl with a variable pitch and thus
optimize the system in terms of pressure drop. An FEM model of the swirl evaporator
test carrier was created for inverse determination of HTCs in the swirl evaporator. This
model is suitable for determining both, averaged and local heat transfer coefficients in the
swirl evaporator.

From a technical perspective, heat transfer below the critical heat and CHF itself are
more important than heat transfer in film boiling. Therefore, the focus was set on nucle-
ate boiling and no models were developed to describe heat transfer in film boiling. The
heat transfer model of the FEM calculation with the averaged (lumped) HTCs works with
high accuracy in the nucleate boiling range and below the CHF, but loses accuracy in the
transition boiling range and is no longer valid in the film boiling range. This validity can
be restored by dividing the regions into different local HTCs, which works reasonably well
and will be analyzed in the future.

By implementing a swirl evaporator in a cutting process, the wear of the insert could
be significantly reduced, which has a positive influence on productivity of the cutting pro-
cess. However, swirl evaporators are not only suitable for internal cooling of a turning
tool, but also wherever high heat flux has to be cooled in a limited cylindrical space, like
the cooling of hot spots in injection molding, the cooling of sonotrodes or the cooling of
stators in electric motors.

As summary can be noted that a method and the associated model were developed in this
work to make a cooling technology usable for various fields of application in a process-safe
manner. The model was verified experimentally and is suitable for determining all design-
relevant variables, performing application-specific optimizations and ensuring process-safe
operation.

7.3. Challenges for Further Investigations

Relationships in the swirl evaporator could be clarified within the scope of this work to
the extent that it can be designed and calculated for industrial applications. Nevertheless,
a Computational Fluid Dynamics (CFD) simulation of the process would be interesting.
However, the state of knowledge at the time of the thesis was only so far that, with
the resources available at time, only a large-eddy simulation could satisfactorily represent
the prevailing conditions (one- and two-phase pressure loss in the capillary tube, one- or
two-phase spray on hot wall, deflection by 180° with further evaporation and then two-
phase flow simulation in the helical evaporator geometry). However, the research field
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of two-phase CFD simulation is currently making enormous progress every year. Fur-
thermore, with the knowledge of the initial and boundary conditions, simpler equation
(e.g. the Spalart-Allmaras) or two-equation turbulence models (e.g. k-ε or other RANS
(Reynolds Averaged Navier Stokes) turbulence models1 can be used for a CFD simulation.

In the course of this work, considerations were made regarding to use some kind of swirl
evaporator to cool flat surfaces. To be able to cool cylindrical geometries with high
efficiency has its benefits, but a flat cooling surface would be suitable for a much wider
rage of applications, such as processor cooling and could be an alternative to micro- and
mini-channel evaporators. Therefore, considerations were made about how to design a
swirl evaporator “flat”. One possibility to achieve this is a spiral evaporator geometry
as shown in Figure 7.1. In this evaporator/heat exchanger the liquid refrigerant is fed
through the supply line (Figure 7.1, Label 12) and then sprayed centrally onto the heat
transferring surface, as displayed in as Label 16 in Figure 7.1–7.3. After that it is led to
the outside in a spiral evaporator channel (Label 20). The channel is structured like an
archimedean spiral and has an increasing cross-sectional area. This keeps the flow velocity
of the evaporating fluid constant and minimizes the pressure drop. The lateral evaporator
wall (Label 30) is at a 45° angle (shown as α in Figure 7.3). When the refrigerant flows
out, centrifugal forces create a cross flow and the liquid refrigerant is directed to the heat
transfer surface (Label 28). This theoretical consideration should be explored in a future
work. Since the spiral geometry is reminiscent of a scroll compressor screw, this type of
evaporator is called a scroll evaporator. The scroll evaporator can be built flat so that
flat surfaces, such as aforementioned CPUs or GPUs are cooled and hence represent an
alternative to mini- or micro-channel evaporators. The scroll evaporator could also have
a hemispherical shape to cool spherical elements or free-form surfaces such as those found
in an injection mold. Other possible applications would include cooling various areas of
electric vehicles such as batteries, converters or motors.
Due to the increasing possibilities offered by additive manufacturing, cooling can be car-
ried out close to the contour and in different geometries/free-form surfaces. The scroll
evaporator was filed as German Patent Application No. 102021204547.2 with the German
Patent and Trademark Office in Munich on May 5, 2021 [45]. Table 7.1 references the
numbers and symbols used in Figures 7.1, 7.2 and 7.3.

1RANS is initially not a turbulence model, but a different representation of the Navier-Stokes equations,
namely the equations time-averaged. This gives rise, assuming the Reynolds rules are applicable, to an
additional term, namely the Reynolds stresses. The turbulence model then comes into play to estimate
the Reynolds stresses, since they are not closed-form solvable (i.e. there are more unknowns than
equations).
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Figure 7.1.: Top view scroll evaporator [45]

Figure 7.2.: Cut view of the scroll evaporator [45]

Figure 7.3.: Detail view of the scroll evaporator [45]
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Table 7.1.: Reference list

10 Evaporator

12 Supply line

14 Refrigerant channel

16 Inlet port

18 Outlet port

20 Evaporator path length

22 Horizontal section plane

24 Center axis

26 Upper duct wall

28 Lower duct wall

30 Lateral duct wall

32 Cross-sectional area

α Angle
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von Flüssigkeiten und Gasen, Hydrostatik, Aerostatik, inkompressible Strömungen,
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A. Appendix

A.1. Example of the two-phase Pressure Drop

The two-phase pressure drop consists of the static-, momentum- and the frictional pressure
drop [37]

∆ptotal = ∆pfrict + ∆pmom + ∆pstatic. (A.1)

For a horizontal tube the geodetic pressure drop has no change this results in

∆ptotal = ∆pfrict + ∆pmom. (A.2)

The momentum pressure drop depends on the change in the kinematic energy of the fluid

∆pmom = G2
total ·

{[
(1− x)2

%L(1− ε)
+

x2

%G · ε

]
out

−
[

(1− x)2

%L(1− ε)
+

x2

%G · ε

]
in

}
. (A.3)

Where x is the vapor quality and Gtotal is the total mass flux of the two-phase fluid.

With the void fraction from Steiner [130] and the drift flux model from Rouhani and
Axelsson [117] for horizontal tubes results to

ε =
x

%G
·
[
(1 + 0.12 · (1− x))

(
x

%G
+

1− x
%L

)
+

1.18 · (1− x)[g · σ(%L − %G)

0.25G2 · %0.5
L

]−1

. (A.4)

The momentum pressure drop is calculable if the experimental values for the vapour quality
of inlet and outlet are used. The frictional pressure drop can be calculated by subtracting
the measured total pressure drop minus the momentum pressure drop using Equation A.2

∆pfrict = ∆ptotal −∆pmom. (A.5)

To calculate the frictional two-phase pressure drop there are several correlation available.
A few proven correlations are described below.
The method from Friedel [50] is used for vapor qualities from 0 ≤ x < 1 and using a
two-phase factor ΦL,

∆pfrict = ∆pL · Φ2
L. (A.6)

where ∆pL is calculated for the liquid-phase. G is the mass flux. It is determined by
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dividing the mass flow ṁ by the hydraulic cross-section Ahyd

∆pL = 4 · fL · (L/dhyd) ·G2 · (1− x)2 ·
(

1

2 · %L

)
, (A.7)

with the liquid friction factor

fL =
0.079

Re0.25
(A.8)

and the Reynolds number using the liquid dynamic viscosity ηL,

Re =
G · dhyd

ηL
. (A.9)

The two-phase factor is calculated as

Φ2
L = E +

3.24 · F ·H
Fr0.045

h ·We0.035
L

, (A.10)

where E, F , H and Fr are specified with the following equations,

E = (1− x)2 + x2 · %L · fG

%G · fL
, (A.11)

F = x0.078 · (1− x)0.224, (A.12)

H =

(
%L

%G

)0.91

·
(
ηL

ηG

)0.19

·
(

1− ηL

ηG

)0.71

, (A.13)

and

Frh =
G2

total · dhyd

g · di · %2
h

. (A.14)

The Weber number for liquids is defined as

WeL =
Gtotal · dhyd

σ · %h
. (A.15)

Homogeneous density consist of the vapour quality, the gaseous and liquid density

%h =

(
x

%G
+

1− x
%L

)−1

. (A.16)
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The Friedel method is used for ratios of ηL
ηG

< 1000. The indices might be a little bit
confusing at first sight. The indice h references to the Friedel method and Fr to the
Froude number. Grönneruds [55] correlation

∆pfrict = Φgd ·∆pL (A.17)

was specially developed for pressure drop with refrigerants and is valid for vapor contents
of 0 < x ≤ 1. The single-phase pressure drop is defined as

∆pL = 4fL ·
(

L

dhyd,swirl

)
·G2

total · (1− x)2 ·
(

1

2%L

)
. (A.18)

With the two-phase multiplier factor

Φgd = 1 +

(
dp

dz

)
Fr

 %L

%G ·
(
ηL
ηG

)0.25 − 1

 , (A.19)

where the indice Fr references to the Froude number. The two-phase multiplier is a
function of

(
dp

dz

)
Fr

= fFr ·
[
x+ 4 ·

(
x1.8 − x10 · f0.5

Fr

)]
. (A.20)

For the condition FrL ≥ 1, the Froude friction factor fFr is set to 1. If FrL < 1, the
following relationship

fFr = Fr0.3
L + 0.0055 ·

(
ln

(
1

FrL

))2

(A.21)

applies with

FrL =
Gtotal

g · dhyd · %2
L

. (A.22)

Another correlation for the two-phase frictional pressure drop is the method of Müller-
Steinhagen and Heck [103]

(
dp

dz

)
frict

= G · (1− x)
1
3 +

(
dp

dz

)
Go

· x3, (A.23)

with G as

G =

(
dp

dz

)
Lo

+ 2 ·
((

dp

dz

)
Go

−
(
dp

dz

)
Lo

)
· x (A.24)
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and (
dp

dz

)
Lo

= fL ·
2 ·Gtotal

dhyd · %L
(A.25)

and (
dp

dz

)
Go

= fG ·
2 ·G2

total

dhyd · %G
. (A.26)

Where (dp/dz)Lo is for the frictional pressure gradient of the liquid flow and (dp/dz)Go for
the frictional pressure gradient of the vapor flow used from the Chisholm correlation [27].
This correlation is an empirical two-phase extrapolation between the total fluid flow and
the total vapor flow thus it is applicable for vapor contents of the fluid of 0 ≤ x < 1.
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B. Appendix

B.1. Experiments for HTC Verification

Table B.1.: Experiments conducted to verify the HTC-correlations
No. Pitch dhyd in mm po in bar pc in bar Pel in W ṁ in kg/h

1 2 0.84 3.55 9.80 220 3.35

2 2 0.84 3.50 9.73 230 3.27

3 2 0.84 3.46 9.63 240 3.23

4 2 0.84 3.41 9.57 249 3.15

5 2 0.84 3.37 9.54 260 3.13

6 3 1.27 3.41 9.42 200 3.21

7 3 1.27 3.41 9.40 205 3.19

8 3 1.27 3.40 9.38 218 3.16

9 3 1.27 3.36 9.39 227 3.15

10 3 1.27 3.36 9.38 239 3.14

11 3 1.27 3.37 9.40 259 3.06

12 3 1.27 3.29 9.53 238 3.05

13 3 1.27 3.27 9.51 249 3.05

14 3 1.27 3.05 9.50 240 3.30

15 3 1.27 3.16 9.44 250 3.26

16 3 1.27 3.18 9.42 260 3.22

17 3 1.27 2.91 9.40 270 3.24

18 5 1.49 3.24 9.54 220 3.06

19 5 1.49 3.27 9.53 229 3.09

20 5 1.49 3.28 9.51 237 2.98

21 5 1.49 3.23 9.51 241 3.00

22 5 1.49 3.20 9.53 250 3.00

23 2 0.84 3.42 9.54 220 3.21

24 2 0.84 3.36 9.53 230 3.14

25 2 0.84 3.30 9.60 240 3.06

26 2 0.84 3.26 9.66 250 3.02

27 2 0.84 3.25 9.68 255 3.00

28 2 0.84 3.55 9.80 220 3.35

29 2 0.84 3.50 9.73 230 3.27

30 2 0.84 3.46 9.63 240 3.23

31 2 0.84 3.41 9.57 249 3.15

32 2 0.84 3.37 9.54 260 3.13

33 2 0.84 3.36 9.57 250 3.18

34 2 0.84 3.21 9.54 260 3.02

35 2 0.84 3.18 9.58 265 2.99

36 3 1.27 3.41 9.42 200 3.21
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37 3 1.27 3.41 9.40 205 3.19

38 3 1.27 3.40 9.38 218 3.16

39 3 1.27 3.36 9.39 227 3.15

40 3 1.27 3.36 9.38 240 3.14

41 3 1.27 3.35 9.40 245 3.10

42 3 1.27 3.37 9.41 259 3.06

43 3 1.27 3.29 9.53 238 3.05

44 3 1.27 3.27 9.51 249 3.05

45 3 1.27 3.05 9.50 240 3.30

46 3 1.27 3.16 9.44 250 3.26

47 3 1.27 3.18 9.42 260 3.22

48 3 1.27 2.91 9.40 270 3.24

49 5 1.49 3.24 9.54 220 3.06

50 5 1.49 3.27 9.53 229 3.09

51 5 1.49 3.28 9.51 237 2.97

52 5 1.49 3.23 9.51 241 3.00

53 5 1.49 3.20 9.53 250 3.00

54 5 1.49 3.26 9.40 240 3.02

55 5 1.49 3.23 9.42 250 3.04

56 5 1.49 3.19 9.45 260 2.98

57 6 1.64 3.21 9.53 200 3.07

58 6 1.64 3.23 9.49 202 3.00

59 6 1.64 3.23 9.35 215 3.00

60 6 1.64 3.24 9.49 221 2.99

61 6 1.64 3.23 9.48 230 2.98

62 6 1.64 3.44 9.67 190 3.19

63 6 1.64 3.41 9.62 200 3.20

64 6 1.64 3.39 9.60 210 3.15

65 6 1.64 3.39 9.59 220 3.18

66 6 1.64 3.34 9.57 230 3.10

67 6 1.64 3.30 9.56 240 3.06

68 6 1.64 3.24 9.58 250 3.01

69 6 1.64 3.22 9.60 260 3.04

70 6 1.64 3.13 9.64 270 2.95

71 6 1.64 3.23 9.63 190 3.06

72 6 1.64 3.29 9.62 200 3.00

73 6 1.64 3.29 9.62 210 3.09

74 6 1.64 3.28 9.62 220 3.04

75 6 1.64 3.30 9.62 230 3.05

76 6 1.64 3.27 9.63 240 3.04

77 6 1.64 3.21 9.63 250 2.98

78 6 1.64 3.17 9.64 260 2.96

79 6 1.64 3.08 9.67 270 2.87

80 6 1.64 3.35 9.48 200 3.14

81 6 1.64 3.34 9.49 210 3.10

82 6 1.64 3.36 9.50 220 3.14
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83 6 1.64 3.40 9.52 230 3.18

84 6 1.64 3.38 9.50 240 3.12

85 6 1.64 3.37 9.50 250 3.08

86 6 1.64 3.33 9.52 260 3.12

87 6 1.64 3.23 9.58 270 3.01

88 7 1.81 3.26 9.55 220 2.91

89 7 1.81 3.27 9.52 230 3.06

90 7 1.81 3.26 9.51 240 2.99

91 7 1.81 3.19 9.52 250 2.98

92 7 1.81 3.15 9.61 240 2.94

93 7 1.81 3.29 9.53 190 3.05

94 7 1.81 3.27 9.51 200 3.05

95 7 1.81 3.25 9.50 210 3.02

96 7 1.81 3.26 9.52 220 3.00

97 7 1.81 3.25 9.52 230 3.01

98 7 1.81 3.23 9.54 240 3.01

99 7 1.81 3.20 9.56 250 2.99

100 7 1.81 3.15 9.58 260 2.92

101 7 1.81 3.08 9.63 270 2.81

102 7 1.81 3.35 9.48 200 3.14

103 7 1.81 3.34 9.49 210 3.10

104 7 1.81 3.36 9.50 220 3.14

105 7 1.81 3.40 9.52 230 3.19

106 7 1.81 3.37 9.50 240 3.12

107 7 1.81 3.38 9.50 250 3.09

108 7 1.81 3.34 9.52 260 3.11

109 7 1.81 3.23 9.58 270 3.01
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C. Appendix

C.1. Advice for Practitioners

Due to the good surface qualities, micro casting is the most suitable additive manufactur-
ing method for producing swirl geometries. The AlSi7Mg0.6 alloy is recommended here
because it can also be used to cast fine structures and offers a good compromise between
strength and thermal conductivity. Alternatively, the copper alloy CuBe2 can be used.
The use of the pure elements aluminum and copper has not proven itself in practice be-
cause they are relatively soft and therefore do not have the necessary dimensional stability.
If this is not possible for reasons of time or cost (for example in developing countries),
the use of commercially available screws is also possible as an alternative. In case high
thermal conductivity of the material should be taken into account and, for example, brass
screws should be preferred to stainless steel screws. The use of stereolithography or fused
filament fabrication (FFF) 3D printing processes for the production of swirl geometries is
suitable at best as a temporary solution or to quickly try something out. Many resins and
plastics swell in R-32, and due to the extreme temperature fluctuations, the polymers and
resins age faster, become brittle and break easily. It is therefore not advisable to use it
permanently in the evaporator.
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